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Abstract
The transition towards sustainable industrial energy systems necessitates innovative solutions
to enhance energy efficiency and to reduce carbon emissions. This study evaluates the feasi-
bility of integrating heat pump systems into industrial fluid heating and cooling processes at
Teijin Aramid’s Emmen facility, with a focus on providing process heat for a heating process
with a target temperature of 60°C. Given the dynamic fluctuations in temperature and mass
flow rates in thermal processes, an optimized heat pump design is required to ensure opti-
mal performance. Currently, conventional heating and cooling methods, such as steam and
glycol-based chillers, result in high operational costs and environmental impact, highlight-
ing the need for more energy-efficient alternatives. To improve thermal efficiency within the
industrial processes, a comprehensive thermodynamic analysis was conducted to assess the
impact of temperature variations, refrigerant selection, and system configuration on overall
heat pump performance.

Four heat pump integration concepts were analyzed: independent, centralized, clustered,
and cascade configurations. Results indicate that centralized and cascade systems provide
the highest efficiency, with coefficient of performance (COP) values of 4.32 and 4.48, respec-
tively. Additionally, mixing of multiple streams before the heat pump inlet, on either the
condenser or evaporator side, was found to enhance system performance by reducing exergy
destruction and optimizing temperature lift. In contrast, outlet mixing introduced inefficien-
cies due to increased irreversibilities.

Moreover, refrigerant selection emerged as a critical factor in optimizing both system ef-
ficiency and sustainability. R1234ze(Z) and R1233zd(E) demonstrated the most favorable
thermodynamic properties, offering high COP and low global warming potential (GWP). For
cascade heat pump configurations, R1233zd(E)/R1233zd(E) achieved the highest COP (5.09).

Besides, promising results in terms of energetic performance, economic benefits, and sus-
tainability improvements demonstrate the potential of heat pump technology in industrial
applications. However, economic feasibility remains a significant challenge due to high initial
capital investments and a five-year payback requirement. While heat pump implementation
could reduce energy costs by up to 52%, additional financial subsidies or an extended payback
period may be necessary to ensure investment viability.

Overall, this study identifies optimal heat pump configurations and refrigerant choices that
enhance energy efficiency, reduce operational costs, and minimize environmental impact in
industrial processes. The findings provide first valuable insights into the role of heat pump
technology in achieving net-zero emissions targets within energy-intensive industrial sectors.
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Chapter 1

Introduction

As the global effort to combat climate change intensifies, the need for sustainable energy so-
lutions has become increasingly urgent. The International Energy Agency’s (IEA) Net Zero
Emissions (NZE) by 2050 Scenario highlights the critical role of energy efficiency and the
electrification of industrial processes in reducing carbon emissions. This research focuses on
improving energy consumption at Teijin Aramid’s Emmen facility, where energy-intensive
thermal processes present opportunities for efficiency improvements through the integration
of heat pump technology. Heat pumps offer the potential to recover and redistribute thermal
energy, reducing reliance on conventional heating and cooling methods while lowering opera-
tional costs and environmental impact. The study aims to assess the feasibility of such a sys-
tem under fluctuating production demands and dynamic operational conditions. By exploring
this approach, this chapter contributes to the broader transition toward sustainable industrial
energy systems and highlights the role of heat pumps in enhancing energy efficiency.
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1.1 Introduction to sustainable energy in industrial processes
The global transition towards sustainable energy systems has become a critical focus in ad-
dressing climate change. The International Energy Agency’s (IEA) Net Zero Emissions by
2050 Scenario (NZE) outlines a comprehensive pathway for reducing carbon dioxide (CO2)
emissions across all sectors, emphasizing energy efficiency, renewable energy integration, and
electrification of industrial processes. A key aspect of this transition is the increasing role
of electricity in final energy consumption, with its share expected to grow from 20% in 2022
to over 27% by 2030. Achieving this shift will be vital to realizing net zero emissions by
mid-century, particularly within energy-intensive sectors like industry, which accounted for
37% of global energy use in 2022 [1]. Achieving this growth will require a compound annual
growth rate of 4.1%, underscoring the urgency of electrification in industrial sectors, where
optimizing energy consumption is crucial not only for sustainability but also for operational
efficiency and competitiveness.

Teijin Aramid, based in Arnhem, is a leading manufacturer of high-performance para-aramid
fibers, with a production spinning facility located in Emmen. The company’s primary prod-
uct, Twaron, is a synthetic fiber known for its exceptional tensile strength and heat resistance.
Twaron is used in a wide range of applications, including bulletproof vests, aerospace compos-
ite materials, automotive components, protective clothing, and ropes and cables. The fiber’s
unique properties make it a viable alternative to traditional materials like steel or asbestos,
offering comparable or superior performance while significantly reducing weight. Committed
to sustainability, Teijin Aramid is actively exploring innovative methods to minimize its en-
vironmental impact.

This research focuses on optimizing energy consumption at Teijin Aramid’s Emmen facility,
where energy-intensive processes present opportunities for efficiency improvements through
heat pump technology. The production process involves multiple stages that require signifi-
cant thermal energy inputs, with conventional heating and cooling methods relying on steam
and glycol-based chillers. These systems contribute to high operational costs and substantial
carbon emissions. To address these challenges, Teijin Aramid is considering the implemen-
tation of a heat pump system to enhance heat recovery and thermal management within
the facility. This system would leverage a warm process stream as a heat source, extracting
energy to elevate another process stream to the required temperature of 60 ◦C while simulta-
neously providing cooling. By integrating this approach, the facility could achieve significant
reductions in both energy consumption and environmental impact.

The primary objective of this study is to evaluate the feasibility of such a heat pump system,
taking into account the fluctuating production demands and dynamic operational conditions
at the facility. Conventional heat pump systems, even when specifically adapted to accommo-
date the dynamic conditions of a single production line, may exhibit limitations in flexibility,
particularly in handling frequent variations in temperature and mass flow rates. Heat pumps
are generally designed for steady-state operation, and as a result, their efficiency and relia-
bility may be compromised under variable load conditions, such as those observed in Teijin
Aramid’s production process. Therefore, a comprehensive thermodynamic analysis is con-
ducted to assess the impact of key process variables including temperature variations, mixing
strategies, and refrigerant selection on overall heat pump performance. Additionally, both
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single-stage vapor compression cycles and cascade heat pump configurations are examined to
determine the most efficient system integration strategy. A comparative evaluation of multi-
ple heat pump configurations ranging from decentralized, independent systems to centralized
and cascade setups is performed, with key performance indicators such as COP, exergy effi-
ciency, and operational costs taken into account.

By systematically analyzing various heat pump cycles under fluctuating temperature and
mass flow conditions, this research seeks to identify the most effective system configuration
that achieves an optimal balance between operational efficiency and environmental sustain-
ability. Factors such as process integration, system scalability, and economic viability are
examined in detail, with the overarching objective of providing insights into the role of heat
pump technology in achieving net-zero energy (NZE) targets.

Once the most efficient heat pump configuration is identified, refrigerant selection plays a
critical role in further optimizing system performance. Environmental considerations, ther-
modynamic properties, and compatibility with existing simulation tools must be carefully
evaluated. The study investigates potential refrigerants that align with sustainability targets
while ensuring optimal performance under industrial operating conditions.

Ultimately, this research aims to determine optimal configurations and strategies for max-
imizing heat pump performance while ensuring energy-efficient and sustainable operation.
The focus is on achieving the target temperature of 60 ◦C for the heating process while also
evaluating the potential benefits of cooling within the system. This approach ensures that
operational requirements are met while enhancing energy efficiency and reducing the facility’s
environmental impact.

To this end, the study presents a feasibility analysis aimed at assessing the potential of
heat pump technology to not only reduce operational costs but also minimize environmental
impacts. The central research question guiding this investigation is as follows: How can heat
pump cycles be integrated into industrial fluid heating and cooling processes, characterized
by dynamic fluctuations in temperature and mass flow rates, to optimize energy efficiency,
operational feasibility, and environmental sustainability in the textile industry?

1.2 Comparable research
A thorough examination of high-temperature heat pump (HTHP) technologies can be found
in the paper ’High-temperature heat pumps: Market overview, state of the art, research
status, refrigerants, and application potentials’ by Arpagaus et al. [2]. It provides a mar-
ket overview, describes the state of the art currently, and assesses recent advancements in
the field of research. The efficiency and environmental impact of the different refrigerants
used in these systems are also discussed and evaluated in this paper. Moreover, it investi-
gates the possible uses of HTHPs in sectors like paper, food processing, and chemicals where
high-temperature heat is necessary. The authors draw attention to the opportunities and
challenges presented by technology as well as the necessity of innovation in order to increase
the usability and effectiveness of HTHPs in industrial applications.
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The study by Y. Dong and R. Wang [3] investigates the optimal application of cascade
high-temperature heat pumps (CHTHPs) by evaluating their performance across different
temperature lifts, working fluid pairs, and operational conditions. The research compares four
heat pump configurations—single-stage, two-stage, injection-assisted, and cascade—against
289 refrigerant combinations to determine their efficiency based on COP, cost, exergy ef-
ficiency, and total equivalent warming impact (TEWI). The findings indicate that cascade
configurations are most effective when the temperature lift exceeds 70°C, as they allow for the
efficient utilization of ultra-low-grade waste heat while supplying high-temperature process
heat. However, for lower temperature lifts, two-stage and single-stage heat pumps become
more favorable due to their lower capital costs and reduced exergy losses. The study also
employs a multi-criteria decision-making (MCDM) approach to assess the trade-offs between
economic, environmental, and safety considerations in selecting the optimal configuration and
refrigerant pair.

The research conducted by Wu D. et al. [4] focuses on the critical assessment and application
of multiple heat pump systems using each utilizing a range of low Global Warming Potential
(GWP) refrigerants. This segment of research is critical for developing more eco-friendly
heating and cooling solutions without compromising efficiency. The authors categorize and
analyze the performance of systems such as single-stage, multi-stage, and variable refrigerant
flow configurations under different operational conditions. This comprehensive overview aids
in understanding the specific advantages and limitations associated with each refrigerant type
across various system setups. Furthermore, the article presents a matrix that identifies which
combinations of refrigerants and heat pump systems have been extensively researched versus
those that have not. This framework is particularly valuable for pinpointing research gaps in
the field.

The article ’Multi-temperature heat pumps – A literature review’ by Cordin Arpagaus et
al. [5] delves into advanced heat pump systems designed for multi-temperature applications.
It highlights various system configurations like multi-stage compressors and cascades, com-
monly used in industries requiring differentiated temperature control, such as supermarkets
with transcritical CO2 systems. The review emphasizes innovations like ejectors and sep-
arated gas coolers that enhance efficiency, and points to multi-stage compressor cycles as
offering the highest efficiencies for substantial energy savings in industrial settings.

The article ’The Challenge of Integrating Non-Continuous Processes – Milk Powder Plant
Case Study’ by M. Atkins et al. [6] examines the integration challenges of non-continuous
processes in a New Zealand dairy factory, particularly focusing on energy efficiency through
indirect heat transfer. The study investigates the use of a heat recovery loop and a strati-
fied tank to enhance heat exchange between various semi-continuous plants within the dairy
factory. It highlights that direct integration is impractical due to varying operational sched-
ules and proposes a solution that involves adjusting the temperature of the hot fluid in the
recirculation loop based on operational conditions to maximize heat recovery. The findings
suggest significant potential for energy savings by optimizing the heat recovery process and
using thermal storage to buffer operational variations.
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The study by J.V.M. Walden and P. Stathopoulos [7] explores the role of heat pump load flex-
ibility in optimizing system integration, economic performance, and energy efficiency within
industrial processes. By leveraging time-resolved industrial process data, the research as-
sesses how different levels of part-load operation affect key performance metrics, including
Net Present Value (NPV), COP, and heating capacity. The study finds that increasing load
flexibility enhances economic viability, as more adaptable systems can respond more efficiently
to fluctuating heat demands. However, it also identifies a flexibility threshold (45–55% min-
imum load), beyond which additional flexibility provides diminishing returns. This insight
is particularly relevant for determining the optimal balance between system size, investment
cost, and operational efficiency in heat pump integration.

The article titled ’Heat pump integration in non-continuous industrial processes by Dynamic
Pinch Analysis Targeting’ by J.V.M. Walden et al. [8] introduces a methodology for heat
pump design and sizing using simulated annual process data, offering a more dynamic alter-
native to the Time Average Model (TAM). It evaluates three approaches: (1) conventional
TAM, (2) Pinch Analysis optimization, and (3) advanced economic optimization with NPV
& IRR included. The findings show that a 33% smaller heat pump can achieve 2.22% lower
OPEX, compared to 1.75% in TAM-based systems. Economic performance also improves sig-
nificantly, with NPV and IRR tripling due to increased operating hours. This demonstrates
that dynamic heat pump integration enhances system efficiency and investment profitability.

1.3 Thesis outline
This thesis explores the potential for heat integration and recovery at Teijin Aramid’s Emmen
facility, focusing on the influence of dynamic operational conditions such as fluctuating mass
flows and temperatures on energy efficiency. The research examines the challenges that arise
due to these variations in process lines and evaluates the most effective heat pump system to
optimize performance and improve environmental sustainability in an industrial setting with
continuously changing conditions. The main objective of this study is to determine the feasi-
bility and efficiency of heat pump integration under varying process conditions. Specifically,
to answer the following research question:

How can heat pump cycles be integrated into industrial processes in the textile industry, char-
acterized by dynamic fluctuations in temperature and mass flow rates, to optimize energy
efficiency, operational feasibility, and environmental sustainability?

To achieve this, the project aims to accomplish the following objectives:

• Analyze the key process parameters, such as temperature variations, mass flow rates,
and energy consumption, that impact the selection and design of an optimal heat pump
system.

• Determine the optimal heat pump configurations for managing dynamic temperature
ranges and mass flow rates in a manufacturing line.

• Evaluate how different refrigerants impact heat pump cycles’ efficiency and environ-
mental footprint under fluctuating operational conditions.
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• Assess the scalability of heat pump systems using the selected refrigerant when address-
ing variations in the number of production lines and dynamic fluctuating demands.

• Analyze the anticipated capital and operational expenses (CAPEX and OPEX) of im-
plementing the selected refrigerant in heat pump systems and compare these costs to
the expected energy savings and payback period.

The investigation into optimizing and sustaining energy consumption at Teijin Aramid’s Em-
men facility is structured into distinct project stages, with each phase detailed in its respective
chapter.

Chapter 2 provides a theoretical foundation on heat pump technology, including vapor com-
pression cycles, exergy analysis, and thermodynamic equations. Additionally, it explores
refrigerant selection for sustainable industrial applications, considering environmental im-
pact and thermodynamic performance.

Chapter 3 presents a case study on thermal energy management at Teijin Aramid’s Em-
men facility. It outlines various system concepts ranging from decentralized to centralized
and cascade setups and discusses their theoretical advantages, limitations, and expected im-
pacts on energy efficiency and operational feasibility.

Chapter 4 focuses on the thermodynamic modeling and validation of heat pump systems.
A mathematical framework is developed for both the simple vapor compression cycle and the
cascade heat pump configuration. The models are validated using reference thermodynamic
data to ensure accuracy and applicability in industrial conditions.

Chapter 5 conducts a performance analysis of heat pump systems under varying operational
conditions. The influence of key parameters such as inlet temperatures, mass flow rates,
and pressure ratios on system efficiency is examined. Furthermore, an economic analysis is
conducted to evaluate cost implications, payback periods, and the financial feasibility of heat
pump integration.

Chapter 6 investigates the effect of mixing on heat pump performance, analyzing temper-
ature and mass flow variations. Various mixing strategies are modeled to quantify their
impact on system stability, energy efficiency, and exergy losses. The findings provide guide-
lines for optimizing heat pump operation under fluctuating production conditions.

Chapter 7 summarizes key findings on heat pump performance, energy efficiency, and op-
erational impacts. It assesses the feasibility of heat pump implementation at Teijin Aramid
and identifies the most effective system configurations.

Chapter 8 provides recommendations for future research and practical implementation at
Teijin Aramid, outlining key areas for further investigation and operational improvements.



7

Chapter 2

Theoretical background

The transition toward sustainable and energy-efficient industrial systems necessitates a thor-
ough understanding of the principles and technologies that enable their implementation. This
chapter provides the theoretical foundation required to analyze and optimize heat pump sys-
tems for industrial applications, focusing on thermodynamic and operational characteristics.
The chapter explores the mechanisms of heat pumps, covering energy transfer processes, per-
formance metrics like COP, and efficiency considerations. Configurations including the sim-
ple vapor compression and cascade cycles are examined to demonstrate their applicability
across various operational scenarios. The evaluation of refrigerant selection emphasizes en-
vironmentally sustainable options, while exergy analysis is discussed to identify inefficiencies.
Economic factors, including CAPEX, OPEX, and payback periods, are also addressed to con-
textualize the integration of heat pumps within industrial systems.
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2.1 Introduction to heat pumps
In a heat pump, thermal energy is transferred from a lower-temperature source TC to a
higher-temperature sink TH through the input of external work Ẇin. This fundamental op-
eration is depicted schematically in Figure 2.1.

Heat pump

Heat sink 
TH

Heat source 
TC

.

Win
.

QH

.
QC

.
Win = QH - QC

. .

Figure 2.1: Schematic of a heat pump transferring heat from a low-temperature source (TC) to a
high-temperature sink (TH) with work input (Ẇin).

Heat pumps operate based on the principles of the first and second laws of thermodynamics.
According to the first law of thermodynamics, energy cannot be created or destroyed, em-
phasizing the principle of energy conservation. For the heat pump cycle, the internal energy
change, ∆U , must equal zero. This is expressed as:

∆U = Q̇C + Ẇin + Q̇H = 0, (2.1)

where Q̇C denotes the rate of heat transfer from the low-temperature source, and Q̇H is the
rate of heat transfer to the high-temperature sink, and Ẇin is the rate of work input [9].

The second law of thermodynamics states that heat transfer occurs spontaneously from a
higher-temperature body to a lower-temperature body. This behavior is governed by the
entropy of the system, which must adhere to the following conditions:

∆S ≥ 0, (2.2)
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where ∆S represents the change in entropy of the system. To achieve the reverse flow of heat
from the heat source to the heat sink at elevated temperatures external work is required [9].

2.2 Theoretical performance of heat pumps
The performance of heat pumps and refrigeration systems is commonly evaluated using the
COP, which quantifies the ratio of thermal energy transferred to the external work input.
Industrial heat pumps typically achieve performance values ranging from 2 to 5, meaning
they deliver 2 to 5 units of heat energy for each unit of electrical energy consumed [10].

Under ideal, reversible conditions, the maximum theoretical performance is described by the
Carnot cycle [9]. The Carnot COP represents the upper limit of efficiency for a heat pump
or refrigeration system. For heating and cooling modes, the Carnot COP can be expressed
as:

COPCarnot =


TH

TH−TC
, heating mode

TC
TH−TC

, cooling mode
(2.3)

where TH and TC are the absolute temperatures of the heat sink and heat source, respectively,
expressed in Kelvin.

In practical systems, the actual performance in heating and cooling modes is calculated
as:

COP =


Q̇H
Ẇin

, heating mode

Q̇C
Ẇin

, cooling mode
(2.4)

The Lorenz COP (COPLorenz) accounts for the variation in temperature of the heat reser-
voirs during the heat transfer process, commonly referred to as the temperature glide [11].
This makes it a more realistic measure of performance for systems where heat transfer occurs
under non-isothermal conditions. The Lorenz COP is defined as:

COPLorenz = T̄H

T̄H − T̄C
, (2.5)

where T̄H and T̄C are the logarithmic mean temperatures for the heat transfer processes at
the sink and source side, respectively. These mean temperatures are calculated using the
following:

T̄ =


∆TH

ln
(

TH,o
TH,i

) , sink side (high-temperature side)

∆TC

ln
(

TC,i
TC,o

) , source side (low-temperature side)
(2.6)
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The temperature differences for the heating and cooling processes are defined as:

∆T =


TH,o − TH,i, sink side (high-temperature side)

TC,i − TC,o, source side (low-temperature side)
(2.7)

where TH,o and TH,i denote the outlet and inlet temperature at the sink side (high-temperature
side), while TC,i and TC,o correspond to the inlet and outlet temperature at the source side
(low-temperature side).

The Lorenz efficiency, ηLorenz, quantifies the performance of a heat pump or refrigeration
system by comparing the actual COP to the theoretical Lorenz COP. This relationship is
expressed as:

ηLorenz = COP
COPLorenz

, (2.8)

where COP refers to the COP for either heating or cooling modes [11].

2.3 Vapor compression heat pumps
The vapor compression cycle, in its simplest form, represents a single-stage configuration
widely employed in heat pump systems to facilitate heat transfer across moderate temper-
ature differences. This section explores the fundamental principles and thermodynamic be-
havior of this cycle, as well as its application in industrial and domestic heat pump systems.
Additionally, the cascade heat pump system, a configuration designed for larger temperature
differences, is introduced. The cascade system consists of two interconnected vapor com-
pression cycles operating at distinct temperature levels, with an intermediate heat exchanger
enabling efficient heat transfer. The thermodynamic advantages of the cascade cycle are
evaluated, particularly for applications requiring significant temperature lifts.

2.3.1 Simple vapor compression cycle

The simple vapor compression cycle also referred to as the single-stage vapor compression
cycle, is the most commonly used configuration in heat pump applications [9]. It operates
by transferring heat from a low-temperature source to a high-temperature sink. Figure 2.2
illustrates the schematic of this system, which uses R134a as the working fluid. The cycle
comprises four main processes: evaporation, compression, condensation, and expansion. The
refrigerant absorbs heat (Q̇in) from the low-temperature source in the evaporator, transitions
to a high-pressure, high-temperature state in the compressor, releases heat (Q̇out) to the
high-temperature sink in the condenser, and finally returns to its initial state through an
isenthalpic expansion process in the expansion valve.
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Figure 2.2: Schematic of a simple vapor compression heat pump system using R134a, transferring
heat from the sink to the source.

Evaporator The refrigerant enters the evaporator as a low-pressure, low-temperature liq-
uid. As it absorbs heat from the source, it undergoes a phase change to a low-pressure vapor.
The heat absorbed by the refrigerant in the evaporator, Q̇evap, is calculated as:

Q̇evap = ṁref(h1 − h4), (2.9)

where, h1 and h4 represent the specific enthalpies of the refrigerant at the evaporator inlet
and outlet, respectively. The refrigerant exits the evaporator at state 1 and enters at state 4
as shown in Figure 2.2.

The heat transferred from the source fluid to the evaporator, (Q̇in), can be determined using:

Q̇in = ṁecp(Te,i − Te,o), (2.10)

where ṁe and cp denote the mass flow rate and specific heat capacity of the source fluid,
respectively. Here, Te,i and Te,o represent the temperature of the source fluid at the evaporator
inlet and outlet, respectively.
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Compressor The refrigerant vapor exiting the evaporator at state 1 is compressed to a
high-pressure, high-temperature vapor at state 2. The work input required for this process,
Ẇin, is given by:

Ẇin = ṁref(h2 − h1), (2.11)

where h1 and h2 represent the specific enthalpies at the compressor inlet and outlet, respec-
tively. The isentropic efficiency of the compressor, ηc, is defined as:

ηc = h2s − h1
h2 − h1

, (2.12)

where, h2s is the enthalpy at the compressor outlet under isentropic conditions.

Condenser The high-pressure, high-temperature refrigerant releases heat to the sink in the
condenser, transitioning from a vapor to a liquid state. The heat released, Q̇out, is calculated
as:

Q̇out = ṁccp(Tc,o − Tc,i), (2.13)

where Tc,i and Tc,o are the inlet and outlet temperatures of the condenser, and ṁc is the
mass flow rate of the sink fluid. The heat released by the refrigerant to that absorbed by the
condenser, Q̇cond, is expressed as:

Q̇cond = ṁref(h2 − h3), (2.14)

where h2 and h3 are the specific enthalpies at the condenser inlet (state 2) and condenser
outlet (state 3), respectively.

Expansion Valve The refrigerant exits the condenser at state 3 as a high-pressure liquid
and enters the expansion valve. During this isenthalpic process, the refrigerant’s pressure
and temperature drop significantly, and it exits the valve at state 4 before re-entering the
evaporator to complete the cycle.

Energy balance and COP formulation The energy balance of the cycle is governed by:

Q̇out = Q̇in + Ẇin. (2.15)

This equation ensures that the heat released to the sink equals the sum of the heat absorbed
from the source and the work input.

In Equation (2.4) COP is defined as the ratio of useful heat transfer to the work input
and can be expressed in terms of enthalpy differences:

COP =


h3−h2
h2−h1

, heating mode

h1−h4
h2−h1

, cooling mode
(2.16)

Thermodynamic representation The thermodynamic behavior of the refrigerant is typ-
ically illustrated using pressure-enthalpy (p-h) and temperature-entropy (T-s) diagrams, as
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shown in Figure 2.3. These diagrams depict the four primary processes of the cycle: evapo-
ration, compression, condensation, and expansion, providing insights into the pressure, tem-
perature, enthalpy, and entropy changes of the refrigerant throughout the cycle.

The (log)p-h diagram, shown on the left, plots the pressure of the refrigerant on a logarithmic
scale against its specific enthalpy. This diagram is particularly useful for understanding the
energy transfer in the system, as it shows the heat and work interactions of the refrigerant
during each process. The first process is compression (1 to 2), where the pressure and en-
thalpy increase due to the work input; condensation (2 to 3), where the refrigerant releases
heat at constant high pressure; expansion (3 to 4), where pressure and temperature drop
without a change in enthalpy; and evaporation (4 to 1), where the refrigerant absorbs heat
at constant low pressure, completing the cycle.

The T-s diagram, shown on the right, plots the temperature of the refrigerant against its
specific entropy. This diagram provides insight into the thermodynamic efficiency of the
cycle by illustrating the relationship between heat transfer and entropy changes. The com-
pression process (1 to 2) shows an increase in both temperature and entropy, condensation
(2 to 3) occurs at constant temperature with decreasing entropy, and expansion (3 to 4) is
represented by a vertical line indicating a drop in temperature with constant entropy, and
evaporation (4 to 1) involves heat absorption at nearly constant temperature, increasing en-
tropy [9].
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Figure 2.3: P-h diagram (A) and T-s diagram (B) of R134a refrigerant with a condensation tem-
perature of 65◦C and an evaporation temperature of 25 ◦C.

2.3.2 Cascade cycle

The cascade heat pump system is an advanced configuration designed to handle significant
temperature differences that exceed the operational limits of a single-stage vapor compres-
sion cycle. It integrates two interconnected cycles: a low-temperature cycle (cycle A) and
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a high-temperature cycle (cycle B), as illustrated in Figure 2.4. By dividing the tempera-
ture lift between two stages, the cascade system enhances efficiency and reduces mechanical
stress on the compressors. Heat is transferred between the cycles through an intermediate
heat exchanger (IHX), which facilitates thermal energy exchange while maintaining separate
pressure levels for each cycle [9].
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Figure 2.4: Schematic of a cascade heat pump system with two interconnected cycles using R134a
refrigerant. Heat is absorbed from the source in cycle A and transferred via the intermediate heat

exchanger to cycle B, where heat is released to the sink.

While the same refrigerant can be used in both cycles, employing different refrigerants tai-
lored to the specific temperature ranges of each cycle can improve efficiency and adaptability.
The cycle operates through four key processes in each stage: evaporation, compression, con-
densation, and expansion.

Low-temperature cycle (Cycle A) In cycle A, the refrigerant absorbs heat from the
source at a low temperature, transitioning from a low-pressure liquid to a low-pressure vapor
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as it passes through the evaporator. The heat absorbed, Q̇in , is expressed as:

Q̇in = ṁA(h1 − h4), (2.17)

where h1 and h4 are the specific enthalpies of the refrigerant at the evaporator outlet and
inlet, respectively. The refrigerant exits the evaporator at state 1 and enters the compressor,
where it undergoes compression to a high-pressure vapor at state 2. The work input for this
process, Ẇin,A, is calculated as:

Ẇin,A = ṁA(h2 − h1). (2.18)

The high-pressure vapor releases heat in the IHX, transitioning to a high-pressure liquid.
The heat released by the refrigerant, Q̇IHX,A , is given by:

Q̇IHX,A = ṁA(h2 − h3) (2.19)

where h2 and h3 are the specific enthalpies of the refrigerant entering and exiting the IHX on
the low-temperature side. After releasing heat, the refrigerant undergoes isenthalpic expan-
sion through an expansion valve, reducing its pressure and temperature before re-entering
the evaporator at state 4.

High-temperature cycle (Cycle B) The high-temperature cycle absorbs heat from the
IHX, where the refrigerant enters at state 5 as a low-pressure liquid and exits as a low-pressure
vapor at state 6. The heat absorbed, Q̇IHX,B , is calculated as:

Q̇IHX,B = ṁB(h5 − h8), (2.20)

where h5 and h8 represent the specific enthalpies of the refrigerant entering and exiting the
IHX on the high-temperature side. The refrigerant is then compressed to a high-pressure
vapor at state 7. The work input for this process, Ẇin,B, is given by:

Ẇin,B = ṁB(h6 − h5). (2.21)

The high-pressure vapor releases heat to the sink in the condenser, transitioning to a high-
pressure liquid at state 8. The heat released, Q̇out, is expressed as:

Q̇out = ṁB(h6 − h7), (2.22)

where h6 and h7 are the specific enthalpies of the refrigerant entering and leaving the con-
denser. Finally, the refrigerant undergoes isenthalpic expansion, reducing its pressure and
temperature before re-entering the IHX at state 5.

Energy Balance and COP Formulation The cascade system adheres to the first law
of thermodynamics, ensuring that the heat rejected by cycle A equals the heat absorbed by
cycle B in the IHX:

ṁB(h5 − h8) = ṁA(h2 − h3). (2.23)
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The COP for the cascade system can be calculated for both cooling and heating modes based
on the energy balances within the system and is expressed as:

COP =


Q̇out
Ẇnet

= ṁB(h6−h7)
ṁB(h6−h5)+ṁA(h2−h1) , heating mode

Q̇in
Ẇnet

= ṁA(h1−h4)
ṁB(h6−h5)+ṁA(h2−h1) , cooling mode

(2.24)

where Ẇnet represents the total work input, which is the sum of the work inputs for cycles A
and B.

Thermodynamic representation The thermodynamic behaviour of the cascade heat
pump system is depicted through the (log)p-h (pressure-enthalpy) and T-s (temperature-
entropy) diagrams, as shown in Figure 2.5. The principles underlying these diagrams are
similar to those described for the simple vapor compression cycle. However, the cascade sys-
tem introduces additional complexities due to the integration of two interconnected cycles,
each with distinct thermodynamic states.

In the p-h diagram (A in Figure 2.5), the low-temperature cycle (cycle A) begins with heat
absorption in the evaporator (1 to 2), followed by compression (2 to 3), heat transfer to the
high-temperature cycle via the intermediate heat exchanger (3 to 4), and expansion (4 to 1).
The high-temperature cycle (cycle B) absorbs heat from the IHX (5 to 6), undergoes com-
pression (6 to 7), releases heat to the sink in the condenser (7 to 8), and then expands (8 to 5).

The T-s diagram (B in Figure 2.5) similarly reflects these processes but highlights the thermo-
dynamic efficiency and entropy changes across the cycles. The IHX serves as a key distinction
between the two cycles, facilitating heat transfer while maintaining separate pressure and
temperature ranges for each stage. A zoomed-in view of the T-s diagram (C in 2.5) empha-
sizes critical points in the high-temperature region, particularly the entropy and temperature
changes during compression (1 to 2 and 5 to 6) [9].
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Figure 2.5: P-h diagram (A) and T-s diagram (B) for the cascade heat pump system using R134a
as the refrigerant in both the upper and lower cycle, with a condensation temperature of 65◦C and
an evaporation temperature of 25◦C. The zoomed-in T-s diagram (C) provides enhanced visibility of

the thermodynamic states in both the high- and low-temperature cycles.

2.4 Exergy analysis of heat pump systems
Exergy analysis is a thermodynamic tool used to evaluate the quality and efficiency of en-
ergy transformations within a system. While energy is conserved according to the first law of
thermodynamics, exergy introduces the concept of energy quality, accounting for the system’s
ability to perform useful work. Unlike energy, exergy is not conserved; it is destroyed due
to irreversibilities governed by the second law of thermodynamics [9]. These irreversibilities,
arising from processes such as friction, heat transfer across finite temperature differences,
and mixing, result in exergy destruction, which directly limits the system’s performance.
Exergy analysis is therefore instrumental in identifying inefficiencies and potential areas for
optimization within heat pumps.
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Exergy is defined as the maximum useful work that can be obtained as a system transitions
to equilibrium with its surroundings. By quantifying exergy destruction in each component,
areas of improvement can be identified to optimize the system’s overall efficiency. The ex-
ergy destruction within a system component the difference between the exergy entering and
leaving the component and can be calculated by

∆Ėcomponent = Ėin − Ėout, (2.25)

where Ėin and Ėout represents the difference between the exergy entering and leaving a control
volume.

Simple vapor heat pump The exergy destruction rates for each component in the simple
vapor heat pump system discussed in Section 2.3.1 are defined as follows [12]:

∆Ė =



ṁref [(h1 − h2) − T0(s1 − s2)] + Ẇin, Compressor

ṁref [(h2 − h3) − T0(s2 − s3)] + ṁccp
[
(Tc,i − Tc,o) − T0 ln Tc,i

Tc,o

]
, Condenser

ṁref [(h3 − h4) − T0(s3 − s4)] , Expansion Valve

ṁref [(h4 − h1) − T0(s4 − s1)] + ṁecp

[
(Te,i − Te,o) − T0 ln Te,i

Te,o

]
, Evaporator.

(2.26)
where ṁref, ṁc, and ṁe denote the mass flow rates of the refrigerant, the working fluid on the
condenser side, and the working fluid on the evaporator side, respectively. The dead-state
temperature is represented by T0.

The overall exergy efficiency of the heat pump system is calculated as the ratio of the useful
exergy delivered to the total exergy input:

ηex = Ėuse

Ẇin + ∆ĖHS
, (2.27)

where Ėuse is the useful exergy delivered to the sink expressed as

Ėuse = ṁccp(Tc,o − Tc,i − T0 ln Tc,o
Tc,i

) (2.28)

and ĖHS represents the exergy destruction on the heat source side:

ĖHS = ṁecp(Te,i − Te,o − T0 ln Te,i
Te,o

) (2.29)

The exergy efficiency highlights how effectively the heat pump converts input work and heat
into useful heating or cooling, while accounting for all irreversibilities within the system [12].
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Cascade heat pump The cascade heat pump system, which consists of two interconnected
cycles (low-temperature cycle A and high-temperature cycle B), requires an extended exergy
analysis to account for additional components, including the intermediate heat exchanger
(IHX). The exergy destruction for each component is given by:

∆Ė =



ṁA [(h4 − h1) − T0(s4 − s1)] + ṁecp
[
(Te,i − Te,o) − T0 ln Te,i

Te,o

]
, Evaporator A,

ṁA [(h1 − h2) − T0(s1 − s2)] + Ẇin,A, Compressor A,

ṁA [(h2 − h3) − T0(s2 − s3)] , IHX (A side),

ṁA [T0(s3 − s4)] , Expansion Valve A,

ṁB [(h8 − h5) − T0(s8 − s5)] , IHX (B side),

ṁB [(h5 − h6) − T0(s5 − s6)] + Ẇin,B, Compressor B,

ṁB [(h6 − h7) − T0(s6 − s7)] + ṁccp

[
(Tc,i − Tc,o) − T0 ln Tc,i

Tc,o

]
, Condenser B,

ṁB [T0(s7 − s8)] , Expansion Valve B.

(2.30)
The total exergy efficiency for the cascade heat pump is:

ηex = Ėuse

Ẇin,A + Ẇin,B + ∆ĖHS
, (2.31)

where Ėuse and ĖHS are calculated similarly to the single-stage cycle.

2.5 Refrigerants for sustainable heat pump systems
Refrigerants are crucial for the performance and environmental impact of vapor compression
heat pumps. Regulations increasingly emphasize the selection of refrigerants with zero ozone
depletion potential (ODP) and a global warming potential (GWP) below 150 [4], aligning
with international agreements such as the Montreal Protocol and the Kigali Amendment.
Consequently, the transition toward low-impact refrigerants has progressed, with a focus on
sustainability, safety, and efficiency. International classifications, such as ASHRAE 34 and
ISO 817, assess refrigerants based on toxicity (A: low, B: high) and flammability (1: non-
flammable to 3: highly flammable, including 2L for mildly flammable) [13].

Early refrigerants, including water (H2O), carbon dioxide (CO2), ammonia (NH3), and hy-
drocarbons (HCs), were selected for their availability and were effective but posed challenges
such as toxicity, flammability, and operational constraints. The introduction of synthetic
refrigerants, such as chlorofluorocarbons (CFCs) and hydrochlorofluorocarbons (HCFCs),
addressed some of these issues but led to high ODP, leading to their phase-out under the
Montreal Protocol. Hydrofluorocarbons (HFCs) eliminated ODP concerns but exhibited high
GWP, leading to further restrictions. Today, hydrofluoroolefins (HFOs) and hydrochlorofluo-
roolefins (HCFOs) offer lower environmental impact, while natural refrigerants such as H2O,
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CO2, and NH3 are being reconsidered due to their minimal ecological footprint. A classifi-
cation of refrigerants is provided in Figure 2.6, distinguishing between pure and mixed types
and further differentiating between natural and synthetic refrigerants.

Refrigerants

Pure refrigerants Mixtures

Natural Synthetic

R744

R717

R718

HC

HFC

HFO

HCFO

Synthetic Zeotropic Azeotropic

Figure 2.6: Classification of refrigerants.

Natural Natural refrigerants provide sustainable alternatives, each with distinct advan-
tages and challenges. Ammonia (R717) delivers excellent thermodynamic performance and
zero GWP/ODP but has toxicity concerns and material compatibility issues [14]. Carbon
dioxide (R744) has a GWP of 1 and zero ODP and has a high efficiency in transcritical cycles
but has a low critical temperature of 31 ◦C and operates at extreme pressures (>100 bar),
requiring robust components. Water (R718) is non-toxic and widely available, yet its high
boiling point necessitates sub-atmospheric operation for temperatures below 100°C. Hydro-
carbons (HCs), such as propane (R290) and isobutane (R600a), exhibit excellent efficiency
and ultra-low GWP but are highly flammable (A3 classification), limiting large-scale appli-
cations [4].

Synthetic Synthetic refrigerants have been developed as alternatives to natural refriger-
ants, designed to enhance thermodynamic efficiency, safety, and stability while minimizing
environmental impact. Key categories include HFCs, HFOs, and HCFOs. However, HFCs are
being phased out due to their high GWP. In contrast, HFOs such as R1234yf and R1234ze(E)
have GWPs below 20, making them viable replacements, though some variants are mildly
flammable (A2L) [4]. HCFOs, including R1233zd(E) and R1224yd(Z), offer high efficiency
with low environmental impact and are particularly suited for industrial heat pumps [4].

Mixtures Mixtures, classified as either zeotropic or azeotropic, optimize system perfor-
mance by influencing efficiency, stability, and design. Zeotropic mixtures exhibit a temper-
ature glide during phase change due to differences in component boiling points, which can
enhance heat exchanger performance in counterflow configurations but also introduce chal-
lenges such as fractionation and non-linearities in two-phase flow [15]. Figure 2.7 illustrates
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the non-isothermal phase transition of zeotropic refrigerants compared to pure substances,
highlighting their impact on system efficiency. In contrast, azeotropic mixtures behave like
pure refrigerants, undergoing phase changes at a constant temperature, ensuring stable ther-
modynamic properties and simplifying system design, making them ideal for applications
requiring precise temperature control.

Figure 2.7: T-s diagram comparison of heat pumps with pure refrigerant (left) and zeotropic refrig-
erant (right) [16].

The thermodynamic performance of refrigerants is determined by properties such as critical
temperature (Tcr), critical pressure (Pcr), and safety classification. Table 2.1 provides an
overview of key low-GWP refrigerants and their respective thermodynamic characteristics.
Efficient heat pump operation requires a condensation temperature at least 10 − 15◦C below
Tcr to optimize phase changes and enhance the COP [17]. While high Pcr can reduce system
size through increased vapor densities, excessively high pressures pose design and safety chal-
lenges [17]. Additionally, maintaining system pressures above atmospheric levels prevents air
and moisture ingress, ensuring longevity and reliability [17].
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Table 2.1: Refrigerant properties derived from [3], highlighting their thermodynamic characteristics,
GWP, ODP, and safety classifications.

Type Refrigerant Tcr (°C) Pcr (MPa) NBP (°C) ODP GWP Safety
HFC R161 102.2 5.09 -37.5 0 12 A3
HFC R152a 113.3 4.52 -24.0 0 140 A2
HFO R1234yf 94.7 3.38 -29.0 0 <1 A2L
HFO R1132(E) 97.4 5.09 -35.7 0 1 A1
HFO R1243zf 103.8 3.52 -25.5 0 0.8 A2L
HFO R1234ze(E) 109.4 3.64 -19.0 0 <1 A2L
HFO R1234ze(Z) 150.1 3.53 9.8 0 <1 A2L
HFO R1336mzz(E) 137.7 3.15 7.5 0 1 A1
HFO R1336mzz(Z) 171.3 2.90 33.4 0 2 A1
HCFO R1224yd(Z) 155.5 3.33 14.0 0.00012 <1 A1
HCFO R1233zd(E) 166.5 3.62 18.0 0.00034 1 A1
HC R1270 91.1 4.55 -42.1 0 3 A3
HC R290 96.7 4.25 -42.0 0 3 A3
HC R600a 134.7 3.66 -11.0 0 3 A3
HC R600 152.0 3.80 -0.5 0 3 A3
HC R601a 187.8 3.38 27.7 0 3 A3
HC R601 196.6 3.37 36.1 0 3 A3
Natural R717 132.3 11.33 -33.0 0 0 B2L
Natural R718 373.9 22.06 100.0 0 0 A1
Natural R744 31.0 7.38 -78.5 0 1 A1
HFO R1123 58.6 4.55 -58.1 0 <1 A2L

2.6 Economic considerations
The economic feasibility of heat pump systems is commonly assessed through capital ex-
penditures (CAPEX), operating expenditures (OPEX), and the payback period. CAPEX
represents the upfront investment costs associated with equipment procurement, installation,
and infrastructure modifications, while OPEX encompasses the recurring costs related to
energy consumption [18]. A key financial indicator, the payback period, refers to the time
required for cumulative cost savings to recover the initial investment. Despite the importance
of CAPEX in investment feasibility, accurately estimating it is challenging due to variations
in supplier pricing, system configurations, and project conditions. As precise calculations
require direct engagement with suppliers, which is beyond this study’s scope, the analysis
instead focuses on estimating OPEX based on energy input and electricity prices.

For industrial applications, investment decisions are often guided by predefined financial
constraints. In the case of Teijin, a multinational company seeking to integrate heat pump
technology, a maximum allowable payback period of five years has been established as a de-
cision criterion. Given this constraint, the analysis employs an inverse approach, whereby
the maximum allowable CAPEX is inferred based on the projected OPEX savings over the
defined payback period. This methodology enables a structured economic assessment while
addressing the uncertainties associated with supplier-specific cost estimations.
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Chapter 3

Analyzing thermal inefficiencies
and developing optimal heat pump
strategies for industrial applications

The production process at Teijin Aramid is energy-intensive, relying on glycol-based cooling
and steam heating to maintain thermal conditions across multiple production lines. While
effective, this setup leads to high energy consumption and a strong dependence on fossil fuels,
presenting challenges in efficiency and sustainability. This chapter examines the current ther-
mal energy system, identifying inefficiencies in heating, cooling, and heat recovery. A pinch
analysis evaluates the potential for improved energy integration. Based on these findings,
several heat pump configurations are proposed to bridge the energy gap between cooling and
heating demands. These concepts are assessed for performance, scalability, and feasibility,
forming the basis for an optimized heat pump integration strategy.
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for industrial applications

3.1 Introduction to thermal energy management at Teijin Aramid
The production process at Teijin Aramid consists of multiple individual process lines, each
with specific properties and requirements. While the operational parameters of these lines
vary, the overall configuration remains consistent. A key section within this production pro-
cess involves thermal energy management, which is divided into two primary stages, referred
to as ’Process 1’ and ’Process 2’. These stages are responsible for different thermal processes,
with one focusing on cooling and the other on heating. However, the current setup relies on
independent cooling and heating mechanisms, leading to inefficiencies in energy utilization.
A schematic representation of this system is provided in Figure 3.1.

At present, process 2 requires steam heating, whereas process 1 involves a glycol-based cool-
ing system. While this configuration effectively maintains the necessary thermal conditions,
it is highly energy-intensive and dependent on fossil fuels. Furthermore, variability in feed
conditions and inconsistencies in heat recovery mechanisms contribute to inefficiencies, limit-
ing overall system performance. These challenges highlight the need for an optimized energy
strategy to improve sustainability and operational efficiency within this specific section of the
production process.
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Figure 3.1: Schematic overview of process 1 and 2 at Teijin Aramid with associated flows and
utilities.
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Process 1 In process 1, condensate from upstream operations is directed to a shared storage
tank, supplying multiple process lines. While this configuration ensures that all lines receive
condensate at temperature Tp1, variations in upstream evaporation processes, influenced by
fluctuations in operating conditions and feed composition, result in fluctuating temperature
profiles across the production lines. However, as all lines are supplied from the same tank,
these fluctuations are consistently experienced across the system.

Additionally, the mass flow rate (Fp1) varies between lines and within the lines, reflecting
product-specific requirements and differences in production intensity. The exiting process
water is directed to a glycol-based chiller system, where it undergoes cooling before being
discharged to subsequent process steps.

Although process stage 1 does not inherently require cooling, the process water is even-
tually cooled further downstream. By pre-cooling the process water earlier in the system,
the load on the glycol cooling system is reduced, which leads to lower energy demand and
improved efficiency in later cooling steps. The thermal behavior of process 1 is depicted in
Figure 3.2, which illustrates mass flow rate variations on the left side (A) and temperature
fluctuations on the right side (B) over a 11-day period.
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Figure 3.2: Trends in process stage 1 over a 11-day period of the (A) condensate flow (Fp1) and (B)
temperature (Tp1).

Process 2 In process 2, external water supplied by GETEC [19] is preheated using resid-
ual heat from the process in a process-to-process heat exchanger. The preheated water with
temperature Tp1 is further heated using steam to reach the process temperature of 60◦C.
The mass flow of incoming water is labeled as Fp2. Variability in water temperature after
preheating between production lines results in varying steam usage and energy inefficiencies.

The mass flow trends (Fp2) across multiple production lines over a 11-day period is depicted
in Figure 3.3, demonstrating variations in flow rates due to dynamic operational conditions.
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The observed fluctuations highlight the influence of production-specific requirements and sys-
tem load variations. In contrast, Table 3.1 shows the corresponding temperature values (Tp2)
for each process line, which remain constant throughout the entire period. The differences in
temperature across production lines indicate process-specific thermal requirements.
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Figure 3.3: Trends in process 2 over a 11-day
period of the mass flows (Fp2).

Table 3.1: Temperature values for Tp2 at dif-
ferent production lines

Production Line Tp2 (°C)
1 53
2 53
3 55
4 33
5 40
6 55
7 40
8 42
9 50
10 47

3.1.1 Process challenges and energy inefficiencies

The current system presents several challenges in energy efficiency and heat recovery, leading
to increased operational costs and resource inefficiencies.

• High energy consumption in cooling and heating: The glycol cooling system
depends on external cooling utilities to lower the temperature of process 1, which results
in significant energy consumption and operational costs. Additionally, the use of steam
for process 2 requires substantial energy input, leading to high dependency on fossil
fuels and contributing to increased greenhouse gas emissions.

• Lack of heat integration: The processes operate independently, with no direct heat
recovery between process 1 and process 2. As a result, the heat removed from the process
1 stream is not utilized elsewhere in the process, representing a missed opportunity for
energy integration. This lack of heat recovery not only increases energy demands but
also limits the overall thermal efficiency of the process.

• Fluctuating process conditions: Variations in temperature profiles and mass flow
rates across production lines create inconsistent thermal behavior, reducing the poten-
tial for optimization and standardization.

• Inefficiencies in heat exchanger performance: The process-to-process heat ex-
changer, which preheats incoming process water, operates with varying outlet tempera-
tures (33–55◦C) across process lines. This variability leads to fluctuating steam demand
and inefficient heating, likely influenced by differences in heat exchanger effectiveness.



3.1. Introduction to thermal energy management at Teijin Aramid 27

3.1.2 Thermodynamic evaluation of heat integration opportunities

A thermodynamic analysis was conducted to assess the potential for heat integration between
process 1 and process 2. Pinch analysis, a methodical approach to identifying heat recovery
opportunities, was used to evaluate the thermal interactions between hot and cold streams.
By analyzing the enthalpy changes and temperature profiles of these streams, the analysis
aimed to maximize heat recovery and minimize reliance on external energy sources [20].

The heat capacity flow rate (CP ) of each stream, representing the energy required to change
its temperature by one degree, was calculated as:

CP = cpṁ, (3.1)

where cp is the specific heat capacity and ṁ is the mass flow rate. The composite curves
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Figure 3.4: Composite curve, where the dashed line represents the hot stream and the solid line
denotes the cold stream.

for the processes 1 and 2 are presented in Figure 3.4, illustrating the cumulative enthalpy
changes of the hot and cold streams. The significant gap between the hot and cold streams
reveals the absence of a pinch point, indicating a lack of direct heat recovery within the
system. This inefficiency underscores the reliance on external utilities, such as a heat pump,
to bridge the thermal gap and improve energy efficiency.

While further heat recovery opportunities may exist within the broader production system,
this research does not extend the pinch analysis beyond the identified streams shown in Fig-
ure 3.1. The focus remains on optimizing heat integration between these streams to improve
the energy efficiency of the thermal process.

3.1.3 Heat pump integration for sustainable process optimization

Based on the findings of the pinch analysis, a heat pump was identified as a suitable solution
to address energy inefficiencies in process 1 and process 2. As illustrated in Figure 3.5, the
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heat pump enables direct heat recovery between these two stages, improving thermal energy
management. The system utilizes the evaporator to extract heat from process 1, thereby
cooling the process stream, while the condenser transfers this recovered thermal energy to
process 2, reducing the need for external heating. On the evaporator side, heat is extracted
from the process water stream in process 1 before it undergoes further cooling. The recovered
heat is then transferred through the compressor to the condenser side, where it is used to
heat the process water entering process 2. This reduces the system’s reliance on external
steam heating, ensuring that the necessary temperature levels are maintained with improved
energy efficiency. The refrigerant flow within the heat pump is depicted with red dashed
lines, while the process water flow is shown with solid black lines in Figure 3.5.
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Figure 3.5: Schematic representation of heat pump integration within process 1 and process 2.

Ongoing industrial projects at Teijin Aramid relevant to thermal efficiency Sev-
eral ongoing industrial projects at Teijin Aramid are expected to influence the integration
and efficiency of the heat pump system. Although these projects are not the primary focus
of this research, their outcomes provide valuable insights into energy optimization strategies.

1. Process-to-Process heat exchanger performance One of the identified inefficien-
cies lies in the process-to-process plate heat exchangers, which preheat the process
water entering process 2. These heat exchangers recover residual heat, but significant
variations in outlet temperature have been observed across the ten production lines.



3.1. Introduction to thermal energy management at Teijin Aramid 29

HP HPHPHP HPHPHP HPHPHP

1 2 3 4 5 6 7 8 9 10

53oC 53oC 55oC 33oC 40oC 52oC 40oC 42oC 50oC 47oC60oC 60oC 60oC 60oC 60oC 60oC 60oC 60oC 60oC 60oC

Figure 3.6: Temperature variations of preheated water entering the condenser side of the heat pump
across the different process lines.

As illustrated in Figure 3.6, outlet temperatures range from 33◦C to 55◦C, reflecting
considerable variability between lines. It is important to note that this figure purely
illustrates the temperature lift required for each process line, independent of mass flow
rates. The data highlight the varying inlet temperatures at the condenser side of the
heat pump, emphasizing the disparity in heating requirements. The outlet temperature
of the heat exchanger serves as the inlet temperature for the heat pump condenser.
This inconsistency suggests issues such as fouling, incorrect installation, or potential
leaks within the heat exchanger.

To mitigate these inefficiencies, several targeted actions were taken during mainte-
nance intervals. These included cleaning the heat exchangers, replacing a unit with a
revised one, and performing leakage tests to assess the possibility of leaks. Although
no leaks were detected, the cleaning and replacement efforts highlighted opportunities
for improving heat exchanger performance.

This variability in preheated water temperatures has a direct impact on the thermal
input to the heat pump system, as consistent inlet conditions are essential for optimiz-
ing the performance and efficiency of the heat pump. Addressing these discrepancies
will indirectly enhance the integration of the heat pump by ensuring stable thermal
conditions in the water entering process 2.

2. Heat recovery optimization in the sulfuric acid recycling system Another on-
going project, focuses on optimizing heat recovery in the sulfuric acid recycling system.
This system recovers and concentrates sulfuric acid by evaporating water and subse-
quently condensing it, reducing the reliance on external acid supply. To enhance energy
efficiency, a heat exchanger was installed to transfer heat from the condensate stream
to the acid feed stream, thereby reducing steam consumption and cooling demands.

Currently, this heat exchanger is not in operation, but once reactivated, it is expected
to lower the condensate temperature by approximately 2 ◦C. As a result, the inlet
temperature of the evaporator will decrease, which will influence the system’s energy
efficiency and heat pump performance. This temperature reduction could lead to lower
cooling requirements and improve overall energy savings within the process.
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3.2 Introduction to heat pump integration concepts
Current inefficiencies highlight the need for a more integrated thermal energy approach.
While some heat recovery exists, it remains insufficient for balancing cooling and heating
demands. A heat pump system presents a viable solution, enabling effective heat reuse
while reducing reliance on external energy sources. The following section introduces several
conceptual heat pump configurations designed to integrate into the system. Each concept
represents a distinct approach to managing heating and cooling demands while considering
feasibility and scalability. These configurations are outlined with their key characteristics,
providing a foundation for further analysis.

3.3 List of requirements
• The heat pump must deliver a heat output of at least 700 kW.

• The system must deliver heat with a temperature of up to 60◦C.

• The evaporator must effectively extract heat with a minimum evaporation temperature
of 5◦C.

• The heat pump should efficiently operate across a load range from 50% to 100% of
nominal capacity.

• The buffer system must supply heat when the evaporator flow is insufficient or unavail-
able.

• The buffer must be charged during periods of low heat demand.

• When the buffer is depleted, steam must be available to meet the heat demand.

• The buffer must charge when its capacity is below 30% and stop charging at 90%-100%.

• During buffer charging, overproduction must not exceed 10% of the direct heat demand.

• The refrigerant must comply with EU F-gas regulations.

• The heat pump must be scalable to support 120% of the current heat demand in future
expansions.

• The heat pump must have an operational lifespan of at least 15 years under normal
operating conditions.

3.4 Development and evaluation of heat pump configurations
for process integration

In each concept, a heat pump is strategically integrated between Process 1 and Process 2
to facilitate heat recovery. The heat pump functions by extracting heat from Process 1 on
the evaporator side while simultaneously supplying heat to Process 2 on the condenser side.
Process 1 receives condensate collected from various upstream evaporation processes, while
Process 2 utilizes demineralized water that is pre-heated through a process-to-process heat
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exchanger before entering the condenser. The heat pump then further raises the temperature
of this water to 60◦C, reducing reliance on external heating sources.

The buffer system in the heat pump setup acts as a thermal storage reservoir, providing
stability and flexibility to accommodate fluctuations in heat demand and supply. Its primary
function is to store excess thermal energy during periods of low demand, a process known as
charging, and release stored energy when demand increases, referred to as discharging. This
ensures consistent system performance and efficient energy utilization, even when immediate
heat supply and demand are not perfectly matched.

During the charging phase, the buffer accumulates surplus energy generated by the heat
pump when heating demand on the condenser side is minimal or when the system operates
under partial load conditions.

The discharging phase occurs when the heat pump is unable to meet instantaneous heat-
ing demands. Under such circumstances, the buffer compensates by releasing stored thermal
energy. This is particularly advantageous during peak demand periods, when the heat pump’s
capacity may be exceeded, or when insufficient flow on the evaporator side limits heat pump
operation.

The buffer offers several operational advantages, including enhanced system stability by mit-
igating fluctuations in heat supply and demand, improved efficiency by enabling the heat
pump to operate continuously under optimal conditions, and the capability to handle peak
demands without requiring oversized heat pump components. Furthermore, the buffer acts
as a redundant energy source during heat pump downtime, ensuring uninterrupted system
functionality.
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3.4.1 Concept 1: Single heat pump per process line (SHP)

In the first concept, each of the ten process lines is equipped with a dedicated heat pump
system, featuring separate evaporators and condensers for process 1 and process 2. While
Figure 3.7 illustrates only two lines, the actual system includes ten independent setups, each
operating autonomously. Heat is extracted from the stream in process 1 via the evaporator
and subsequently transferred to the stream in process 2 through the condenser.

This configuration offers a high degree of operational independence, ensuring that each pro-
duction line functions without being affected by fluctuations in other lines. One notable
advantage is system redundancy: in the event of a heat pump failure, only the affected line
is impacted, while the remaining systems continue operating uninterrupted. Moreover, tai-
loring heat pump operation to individual line conditions allows for precise thermal control,
optimizing energy efficiency for specific process demands.

However, this approach also has notable drawbacks. The duplication of equipment across
ten lines results in higher capital expenditures due to increased installation costs and ele-
vated maintenance complexity. Additionally, the lack of thermal integration between lines
leads to limited opportunities for heat recovery, potentially reducing overall system efficiency.
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Figure 3.7: Concept 1: Single heat pump per production line with integrated buffer and steam
backup.

3.4.2 Concept 2: Centralized heat pump system (CHP)

In the second concept, process lines keep independent process flows, but the heat exchange is
centralized. The fluid stream from all process 1 sections is mixed and directed into a single
evaporator system, while all process 2 streams are combined and supplied to a centralized
condenser system.

This integrated approach enhances thermal efficiency by averaging temperature fluctuations
across lines, leading to a more stable heat pump operation. The shared evaporator and con-
denser system reduces equipment redundancy, decreasing investment and maintenance costs
compared to concept 1. Moreover, centralizing the heat pump system improves heat utiliza-
tion, increasing overall energy efficiency.
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Figure 3.8: Concept 2: Centralized heat pump system with integrated buffer and steam backup.

Another significant benefit of this concept is cost reduction. A single, large heat pump is
cheaper to install and maintain than ten smaller units, making concept 2 more cost-effective
than concept 1 in terms of both capital and operational expenses. Additionally, the simplifica-
tion of system maintenance with fewer components to monitor and service reduces long-term
costs.

However, this concept introduces interdependence between lines. Variations in individual
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process lines can impact system-wide temperature dynamics, necessitating additional controls
to maintain uniform operating conditions. Additionally, any malfunction in the centralized
heat pump system would require reliance on the steam backup system to ensure continued
operation of all connected lines.

3.4.3 Concept 3: Heat pump per cluster configuration (HPC)

In this approach, the ten process lines are divided into three clusters: 1-2-3, 4-5-6, and 7-8-
9-10, with each cluster sharing a dedicated heat pump system. While individual lines retain
separate process streams, heat exchange is performed at the cluster level, balancing thermal
loads within the group.

This configuration offers a balance between redundancy and efficiency. By reducing the total
number of heat pumps compared to concept 1, it lowers capital and maintenance costs, while
still ensuring that a failure in one heat pump only affects a limited subset of lines, thereby
maintaining partial redundancy. Furthermore, grouping production lines allows for thermal
diversity compensation, where fluctuations in heat demand within a cluster are averaged out,
improving heat pump performance.

From a CAPEX cost perspective, concept 3 falls between concept 1 and concept 2. While it
requires fewer heat pumps than concept 1, it still involves more equipment than a fully cen-
tralized system. The installation and maintenance costs are lower than concept 1 but higher
than oncept 2. The trade-off lies in moderate capital investment with increased resilience,
making it an appealing compromise between system cost and reliability.

However, clustering introduces interdependencies between grouped lines. If one line expe-
riences process disturbances, it may affect the heat pump performance of the entire cluster.
Additionally, while clustering improves heat recovery compared to concept 1, it remains less
thermally efficient than a fully centralized system (concept 2).
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Figure 3.9: Concept 3: Clustered heat pump configuration with integrated buffer and steam backup.

3.4.4 Concept 4: Cascade heat pump configuration (CaHP)

The fourth concept expands on the centralized approach by implementing a cascade heat
pump system, which utilizes two separate heat pump cycles operating in series. The low-
temperature cycle extracts heat from process 1, while the high-temperature cycle transfers
this heat to process 2 at the required 60◦C setpoint.

The key advantage of the cascade approach is its improved thermodynamic efficiency. By
dividing the temperature lift across two compression stages, the system reduces compressor
work input, leading to a higher COP compared to single-stage heat pump designs. Addi-
tionally, this configuration enables the use of refrigerants optimized for specific temperature
ranges, further enhancing energy efficiency.
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Figure 3.10: Concept 4: Cascade heat pump system with integrated buffer and steam backup.

However, cascade systems require a more complex design and higher initial investment costs
than concept 2. The need for an intermediate heat exchanger and a two-stage compression
process introduces additional control requirements. Furthermore, maintenance demands are
higher compared to single-stage systems, as cascade systems require specialized expertise for
servicing.
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Chapter 4

Methodology: Thermodynamic
modeling and heat pump
integration

This chapter presents the thermodynamic modeling of heat pump configurations to assess their
feasibility for industrial integration. A single vapor compression cycle and a cascade heat
pump system are simulated using MATLAB and CoolProp, incorporating key assumptions
for accurate performance prediction. The models analyze key parameters such as pressure
levels, temperature variations, and system efficiency, ensuring a realistic representation of
heat pump behavior under dynamic operating conditions. To ensure reliability, the models are
validated against reference thermodynamic data, comparing COP, pressure levels, and mass
flow ratios. These validations confirm model accuracy and provide a foundation for system
optimization, refrigerant selection, and performance evaluation. The insights gained from this
analysis contribute to determining the most efficient heat pump configuration for integration
into the existing process.
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4.1 Thermodynamic model assumptions and approach simple
vapor heat pump

Thermodynamic modeling of the single vapor cycle configuration was undertaken to present
the potential of a single vapor heat pump using MATLAB R2024a [21] and CoolProp 6.6.0
[22]. The heat pump cycle was analyzed based on an equation of state (EOS) that defines
the thermodynamic properties of the chosen refrigerant under various operating conditions.
The open-source application CoolProp facilitated the acquisition of these properties, enhanc-
ing the accuracy of the simulation. To simplify the thermodynamic modeling and ensure
consistency, the following assumptions were made during the analysis:

• The system is assumed to operate under steady-state conditions.

• Pressure drops in pipes, valves, and heat exchangers are considered negligible.

• The expansion valve process is assumed to be isenthalpic.

• The components of the system are considered perfectly insulated.

• Changes in kinetic and potential energy between the inlet and outlet of components are
negligible compared to thermal energy changes.

• The compression process is assumed to be adiabatic, with an isentropic efficiency of
0.7.

The parameters presented in Table 4.1 define the thermodynamic framework for the model.
The evaporator and condenser inlet/outlet temperatures (Te,i, Tc,i, Tc,o) establish the thermal
boundaries of the system, while the temperature differentials (∆Tc and ∆Te) characterize
the heat exchanger performance. The isentropic efficiency (ηiso) influences the compressor
work input, whereas the specific heat capacity (cp) is utilized in energy balance calculations.
The evaporator-side mass flow rate (ṁe) is used to determine the heat absorption at the
evaporator, thereby affecting the evaporator outlet temperature and pressure. Similarly, the
condenser-side mass flow rate (ṁc) determines the total heat rejection in the condenser,
impacting the overall thermal exchange within the cycle.

Table 4.1: Constant Properties in the simple vapor heat pump model.

Parameter Value
Rerigerant type R134a
ηiso (Isentropic Efficiency) 0.7
Te,i (Evaporator Inlet Temperature) 35 ◦C
Tc,i (Inlet Temperature Condenser) 50 ◦C
Tc,o (Outlet Temperature Condenser) 60 ◦C
∆Tc (Temperature Difference in Condenser) 5 ◦C
∆Te (Temperature Difference in Evaporator) 5 ◦C
cp (Specific Heat Capacity) 4182 J/kg·K
ṁe (Water mass flow rate on the evaporator side) 1.81 kg/s
ṁc (Water mass flow rate on the condenser side) 1.11 kg/s
Tolerance 1e-2
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The thermodynamic cycle of the single vapor heat pump is outlined in Figure 2.2. The cycle
follows the four key thermodynamic states:

1. Compressor inlet or evaporator outlet.

2. Condenser inlet or compressor outlet.

3. Condenser outlet.

4. Evaporator inlet.

The analysis involved calculating the thermodynamic properties of the refrigerant at the four
key states of the cycle through an iterative approach. The process began by assuming an
initial value for the evaporator pressure (P1). The condenser pressure (P2) was calculated
based on the condensation temperature, determined as the sum of the condenser outlet tem-
perature (Tc,o) and the temperature difference in the condenser (∆Tc).

Once P1 and P2 were defined, the thermodynamic properties of the refrigerant, such as
enthalpy, entropy, and temperature, were calculated at all four states. For the compression
process between state 1 and state 2, the entropy was assumed constant (s1 = s2) to represent
ideal isentropic compression. To account for real-world deviations, the isentropic efficiency
was applied to adjust the enthalpy at state 2 (h2), as described in Equation (2.12). At state
3, the refrigerant was modeled as a saturated liquid, and its enthalpy (h3) was determined
based on the calculated condenser pressure. At the expansion valve, the isenthalpic nature
of the process ensured that h4 = h3. The enthalpy at state 1 (h1) was then calculated using
the energy balance at the evaporator, along with the evaporator outlet temperature (Te,o),
determined as described in Equation (2.10).

Using the calculated Te,o, the evaporator pressure was derived and compared to the ini-
tially assumed value of P1. If the calculated and assumed pressures differed by more than
the predefined tolerance, the assumed evaporator pressure was adjusted, and the calculations
were repeated. This iterative process continued until the assumed and calculated evaporator
pressures converged.

Once convergence was achieved, the model’s output included key performance metrics such
as the heat released to the sink (Q̇out), the work input to the compressor (Ẇin), and the
COP. These were calculated using the relationships described in the Section 2.3.1, including
Equations (2.14), (2.12), and (2.15).

The iterative procedure is summarized in the flowchart shown in Figure 4.1. This approach
ensured that the model accurately represented the thermodynamic behavior of the heat pump,
providing a consistent basis for evaluating its performance under the specified operating con-
ditions.
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Figure 4.1: Flowchart of the thermodynamic model for the simple vapor cycle.

4.2 Model validation simple vapor heat pump
In the thermodynamic simple-vapor model, verification was carried out by comparing the
model’s outputs with reference data obtained from TLK Energy phase diagrams [23]. TLK
Energy provides detailed thermodynamic data for various refrigerants, including refrigerant-
specific log(p)-h diagrams. These diagrams enable visualization of the refrigerant cycle,
making TLK Energy a reliable computational benchmarking tool for comparing modeled
refrigerant cycles in terms of pressure, temperature, and COP. However, as TLK Energy
also relies on established thermodynamic equations, this validation serves as a computational
consistency check rather than an independent experimental validation.

The model’s boundary conditions were defined as follows: the condensing temperature was set
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as a fixed input, while the evaporating temperature was determined through energy balance
calculations. A uniform temperature difference of 5 ◦C was assumed for both the condenser
and evaporator heat exchangers. Additionally, an isentropic efficiency of 0.7 was applied
to the compressor across all simulations. For R134a, the model predicted an evaporating
temperature of 25.1 ◦C, while for other refrigerants (R1234yf, R290, R1270), the evaporating
temperature was 25.2 ◦C, and for R717, it was 25.0 ◦C. The condensing temperature remained
consistent at 65 ◦C for all cases. The results of this validation can be found in Table 4.2.

Table 4.2: Comparison of COP, pressures, and superheated temperatures (Model vs. Reference).

Refrigerant COP
(Model)

COP
(Reference)

P1 (bar)
(Model)

P1 (bar)
(Reference)

P2 (bar)
(Model)

P2 (bar)
(Reference)

T (◦C)
(Model)

T (◦C)
(Reference)

R134a 4.86 4.85 6.68 6.67 18.90 18.90 75.8 75.8
R290 4.71 4.72 9.56 9.57 23.43 23.43 75.5 75.5
R1270 4.66 4.66 11.59 11.60 27.94 27.94 80.2 80.2
R1234yf 4.54 4.53 6.86 6.86 18.35 18.35 68.7 68.7
R717 5.34 5.33 10.03 10.03 29.48 29.48 130.1 130.3

The validation focused on comparing key outputs from the model with those provided by the
reference source, specifically:

• Evaporating pressure (P1): The model’s predictions for P1 showed excellent agreement
with the reference values, with deviations of less than 0.01 bar across all refrigerants.
This indicates that the model accurately represents the thermodynamic state of the
working fluid at the evaporator outlet.

• Condensing pressure (P2): The calculated condensing pressures were also consistent
with the reference data, confirming the correct application of energy balance equations
and thermodynamic property calculations.

• Superheated temperature at compressor outlet: The predicted superheated tempera-
tures closely matched the reference values, validating the accuracy of enthalpy calcula-
tions across the cycle.

• COP: The COP values predicted by the model were compared with the reference data
provided by TLK Energy [23] for both heat pump and refrigeration cycles with a max-
imal difference of 0.01. Minor deviations in COP can be attributed to differences in
how the model and the reference source handle property interpolation and numerical
precision.

The strong correlation between model outputs and reference data demonstrates the compu-
tational validity of the developed thermodynamic model. However, since both the model
and the reference rely on theoretical equations rather than empirical measurements, future
experimental validation is necessary to confirm real-world applicability.

A graphical representation of the validation results in the form of log(p)-h diagrams is pro-
vided in Appendix A, offering a visual comparison of modeled refrigerant cycles with their
reference counterparts.
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4.3 Thermodynamic model assumptions and approach cas-
cade heat pump

The thermodynamic model for the cascade heat pump builds upon the single vapor cycle
model described in Section 4.1, extending its principles to a dual-stage configuration. The
model enables efficient operation across large temperature differences, enhancing both system
performance and mechanical reliability. The cascade system consists of two interconnected
cycles: a low-temperature cycle (Cycle A) and a high-temperature cycle (Cycle B), coupled
via an intermediate heat exchanger (IHX). The IHX facilitates heat transfer between the two
refrigerant loops while maintaining separate pressure levels, allowing the overall temperature
lift to be divided into two smaller stages. This configuration is schematically illustrated in
Figure 2.4.

The model adopts the core assumptions of the single vapor cycle, such as steady-state oper-
ation, negligible pressure drops, adiabatic compression with isentropic efficiency, isenthalpic
expansion, and negligible changes in kinetic and potential energy. Additional assumptions
unique to the cascade configuration include maintaining a constant temperature difference
(∆TIHX) across the IHX to ensure effective thermal energy transfer. The input parameters
and system properties, including those specific to the cascade system, are detailed in Table
4.3.

Table 4.3: Expanded list of input parameters and constant properties for the cascade heat pump
model, including a temperature range for T3.

Parameter Value
Refrigerant 1 R134a
Refrigerant 2 R134a
η1 (Isentropic Efficiency, Lower Cycle) 0.7
η2 (Isentropic Efficiency, Upper Cycle) 0.7
Te,i (Evaporator Inlet Temperature) 35 ◦C
Tc,i (Inlet Temperature Condenser) 50 ◦C
Tc,o (Outlet Temperature Condenser) 60 ◦C
∆Tcond (Temperature Difference in Condenser) 5 ◦C
∆Tevap (Temperature Difference in Evaporator) 5 ◦C
∆TIHX (Temperature Difference in Intermediate Heat Exchanger) 5 ◦C
T3 (Range for IHX Intermediate Temperature) 30 ◦C to 60 ◦C
cp (Specific Heat Capacity) 4182 J/kg·K
ṁe (Water Mass Flow Rate on Evaporator Side) 1.81 kg/s
ṁc (Water Mass Flow Rate on Condenser Side) 1.11 kg/s
Tolerance 1e-2

The cascade heat pump modeling involves an iterative process to calculate the thermody-
namic properties and performance metrics for both cycles while ensuring consistency between
the two stages.

The process begins with an initial assumption for the evaporator pressure (P1) in the low-
temperature cycle. The condenser pressure (P4) for the high-temperature cycle is calculated
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based on the outlet temperature of the condenser (Tc,o) and the temperature difference in
the condenser (∆TIHX). The IHX intermediate temperature (T3) is incrementally updated
within the specified range (Table 4.3), and pressures P2 and P3 are calculated. The condens-
ing pressure of Cycle A (P2) is determined from the condensing temperature (T3) of cycle A.
The evaporating pressure of Cycle B (P3) is calculated based on the evaporating temperature
(T5), which is defined by:

T5 = T3 − ∆TIHX. (4.1)

Thermodynamic properties, such as enthalpy, entropy, and temperature, are evaluated at the
eight key states of the cascade system using an equation of state. The mass flow rate for the
high-temperature cycle (ṁB ) is calculated based on the heat output from the condenser, as
outlined in Equation (2.22). The IHX energy balance is then used to determine the mass flow
rate for the low-temperature cycle (ṁA) by ensuring the heat released by Cycle A matches
the heat absorbed by Cycle B, in accordance with Equation (2.23).

The work input for each compressor (Ẇin,A and Ẇin,B ) is determined from the enthalpy
differences across the compressors, as described in Equations (2.18) and (2.21), respectively.
Using the calculated evaporator outlet temperature (Te,o) for Cycle A, the evaporator pres-
sure (P1) is updated and compared with the initially assumed value. If the deviation exceeds
the predefined tolerance, the assumed pressure is adjusted, and the calculations are repeated.
This iterative process continues until convergence is achieved for P1, ensuring consistency
between the two cycles.

The COP is calculated using Equation (2.24) for the entire range T3. The optimal value
of T3 is identified as the one that maximizes the COP while maintaining consistent operating
conditions for both cycles. The iterative modeling process is summarized in the flowchart
shown in Figure 4.2.
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Figure 4.2: Flowchart of the thermodynamic model for the cascade cycle.
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4.4 Model validation cascade heat pump
To validate the accuracy and performance of the cascade heat pump model, its results were
compared to those presented in the study by Getu and Bansal [24] on the thermodynamic
analysis of an R744-R717 cascade refrigeration system. The operating conditions in the ref-
erence paper were replicated for this validation, including a condensing temperature in the
upper cycle (TC = 40◦C), an evaporating temperature in the lower cycle (TE = −50◦C), a cas-
cade temperature difference (∆TCAS = 5 K), and varying subcooling levels (∆Tsub = 0, 5, 10
K).

The comparison highlights the agreement between the reference study and the validated
model, particularly in the behavior of the COP as a function of the intermediate temperature
at the cascade heat exchanger outlet (TCAS,E). Both the reference and validated results show
that the COP increases to a maximum before decreasing as TCAS,E ranges from −25◦C to
0◦C. The influence of subcooling (∆Tsub) is also evident, with higher subcooling levels (10 K)
producing higher COP values across the entire temperature range. Figure 4.3 presents these
trends, where the reference results are shown on the left and the validated model’s results
are on the right.

The mass flow ratio (ṁH/ṁL) similarly demonstrates close alignment between the reference
study and the validated model. As TCAS,E increases, the mass flow ratio decreases consis-
tently in both cases. Subcooling again plays a key role, shifting the mass flow ratio upwards
with higher values of ∆Tsub. This behavior reflects the thermodynamic coupling between
the two refrigerant loops. These trends are depicted in Figure 4.4, where the left diagram
corresponds to the reference data, and the right diagram illustrates the validated model.

The strong alignment between the validated model and the reference study confirms the
robustness and reliability of the thermodynamic approach. By accurately reproducing the
COP and mass flow ratio trends under identical conditions, the validation establishes the
model’s suitability for further parametric studies and optimization of cascade heat pump
systems. These findings not only verify the correctness of the thermodynamic calculations
but also underline the potential of cascade systems using carbon dioxide and ammonia for
high-performance applications. It is important to note that this validation was conducted
specifically for the R744-R717 cascade cycle to ensure alignment with the established reference
case. The performance evaluation of alternative refrigerant pairs was carried out separately
to assess their suitability for industrial implementation.



48 Chapter 4. Methodology: Thermodynamic modeling and heat pump integration

(A)

-25 -20 -15 -10 -5 0
T

CAS,E
 (°C)

1.2

1.25

1.3

1.35

1.4

1.45

C
O

P 
(-

)

 T
sub

 = 0 K

 T
sub

 = 5 K

 T
sub

 = 10 K

(B)

Figure 4.3: Comparison between reference model (A) and validated models (B) for COP trends
as a function of intermediate temperatures under varying subcooling conditions with a condensing
temperature in the upper cycle of TC = 40◦C, an evaporating temperature in the lower cycle of

TE = −50◦C and a cascade temperature difference of ∆TCAS = 5 K.
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Figure 4.4: Comparison of mass flow ratio trends from reference study (A) and validated model (B)
as a function of intermediate temperatures under varying subcooling conditions with a condensing
temperature in the upper cycle of TC = 40◦C, an evaporating temperature in the lower cycle of

TE = −50◦C and a cascade temperature difference of ∆TCAS = 5 K.
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Chapter 5

Thermodynamic analysis

Optimizing energy efficiency in industrial processes is crucial for reducing both operational
costs and environmental impact. As part of Teijin Aramid’s effort to improve thermal energy
management, this chapter evaluates different heat pump configurations to determine the most
effective and sustainable solution. The analysis begins by assessing the impact of inlet temper-
atures and mass flow rates on heat pump efficiency, followed by a comparative study of simple
vapor and cascade cycles. A screening of refrigerants is conducted to identify low-GWP al-
ternatives suitable for industrial integration. Finally, COP trends and operational costs are
examined across different system configurations, leading to the selection of the centralized and
cascade heat pump systems as the most viable solutions for implementation.
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5.1 Impact of parameter variation on system performance
This section investigates the influence of key operational parameters on the performance of
the single vapor compression heat pump, focusing on the COP. Two primary categories of
parameters are analyzed: inlet temperatures and mass flow rates.

5.1.1 Influence of inlet temperatures

The impact of variations in inlet temperatures at both the condenser and evaporator sides is
summarized in Figure 5.1. An increase in the inlet temperature on the condenser side reduces
the heat transfer rate required within the condenser, as the smaller temperature gradient
minimizes the thermal demand necessary to achieve the desired outlet temperature. This
reduction in thermal load causes an increase in the evaporator outlet temperature, thereby
elevating the evaporating pressure of the refrigerant due to the reduced heat absorption re-
quirements. Under steady-state conditions, where the condensing pressure remains constant,
the resulting decrease in the pressure ratio across the compressor significantly reduces the
compressor’s work input. This improvement in compressor efficiency enhances the overall
thermodynamic performance of the system, leading to an increase in COP.

Similarly, increasing the evaporator side inlet temperature raises the outlet temperature of the
evaporator side water, further increasing the evaporating pressure. This elevated evaporating
pressure also reduces the pressure ratio, thereby improving system efficiency and increasing
COP. The trends for both heating and cooling modes are illustrated in Figure 5.1.
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Figure 5.1: Impact of inlet water temperatures on COP performance for both condenser and evapora-
tor sides, focusing on (A) the effect of condenser-side inlet temperature at an evaporating temperature
of 30◦C and (B) the effect of evaporator-side inlet temperature at a condensing temperature of 65◦C

.
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5.1.2 Influence of mass flow rates

The effect of mass flow rate variations on the condenser and evaporator sides is presented
in Figure 5.2. For the condenser side, increasing the mass flow rate leads to a higher heat
transfer rate, resulting in greater heat rejection to the sink. To maintain the system’s energy
balance, the evaporator is required to absorb a proportionally larger amount of heat from the
source. This increased heat absorption reduces the evaporating pressure, as the system must
operate at a lower temperature to extract the additional heat. Consequently, the pressure
ratio across the compressor increases, as the condensing pressure remains constant. This
higher pressure ratio necessitates greater work input from the compressor, further reducing
the system’s overall efficiency and leading to a decline in COP.

Conversely, an increase in the evaporator-side mass flow rate raises the outlet temperature of
the evaporator-side water, thereby increasing the evaporating pressure. With the condens-
ing pressure and heat transfer rate on the condenser side remaining constant, the reduced
pressure ratio decreases the compressor’s energy consumption, improving the COP.
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Figure 5.2: Impact of water mass flow rate variations on COP performance for both condenser and
evaporator sides, showing (A) the effect of condenser side mass flow rate on COP at an evaporating
temperature of 30◦C and a condensing temperature of 65◦C, and (B) the effect of evaporator side

mass flow rate on COP under the same temperature conditions.

5.2 Comparative analysis of simple vapor and cascade cycles
A comparative analysis was conducted to evaluate the performance of the simple vapor cycle
and the cascade cycle, both employing R134a as the refrigerant in both the low-temperature
cycle and high-temperature cycle. The study aimed to assess the impact of varying the in-
termediate heat exchanger (IHX) temperature difference (∆TIHX) on the COP of the cascade
cycle, as well as to benchmark the cascade cycle against the simple vapor cycle under identical
conditions.

The analysis involved a systematic comparison of the two cycles while varying the inlet
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temperature at the condenser side. The IHX in the cascade cycle was tested with ∆TIHX val-
ues of 3K, 4K, and 5K, which directly influence the interaction between the high-temperature
and low-temperature stages in the cascade configuration. The performance of the cascade
cycle was analyzed for these three ∆TIHX values and compared with the simple vapor cycle,
which lacks an intermediate heat exchanger.

The COP results for the simple vapor and cascade cycles are presented in Figure 5.3.
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Figure 5.3: Comparison of COP performance for cascade and simple heating systems as a function
of condenser inlet temperature and internal heat exchanger temperature differences (∆TIHX).

The cascade cycle demonstrates superior performance compared to the simple vapor cycle,
but the extent of this advantage depends significantly on the intermediate temperature dif-
ference (∆TIHX). For ∆TIHX = 3 K, the cascade cycle outperforms the simple vapor cycle
across the entire range of Tcond,in. This consistent advantage is attributed to the minimized
thermal losses in the IHX, which enhances the efficiency of the cascade cycle.

For ∆TIHX = 4 K, the cascade cycle’s COP surpasses that of the simple vapor cycle only
when Tc,i is lower than approximately 49.7◦C. Similarly, for ∆TIHX = 5 K, the cascade cycle
overtakes the simple vapor cycle at Tc,i values below 39.1◦C. This trend highlights the sensi-
tivity of the cascade cycle’s performance to the intermediate temperature difference. Larger
∆TIHX values increase thermal losses in the IHX, reducing the efficiency of the cascade cycle
at lower condenser inlet temperatures.

The results emphasize the importance of optimizing ∆TIHX in the cascade cycle design. While
smaller ∆TIHX values improve the COP across a broader temperature range, they may also
introduce practical challenges, such as increased heat exchanger size and cost. The selection
of ∆TIHX should therefore balance performance benefits with practical feasibility.

The comparative study demonstrates that the cascade cycle, under specific conditions, offers
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significant performance improvements over the simple vapor cycle. For smaller intermediate
temperature differences, such as ∆TIHX = 3 K, the cascade cycle consistently outperforms
the simple vapor cycle. However, as ∆TIHX increases, the performance advantage diminishes
at lower condenser inlet temperatures, underscoring the need for careful optimization of the
intermediate temperature difference. This analysis provides valuable insights for selecting
and designing efficient heat pump configurations tailored to specific operating conditions.

Next to that, the results of this analysis align with established thermodynamic principles. As
expected, the cascade cycle performs better in terms of COP than the simple vapor cycle when
the condenser inlet temperature is lower, because distributing the temperature lift across two
compression stages reduces the compression ratio and improves overall efficiency. The lower
compression ratio in each stage decreases the work required per compressor and enhances
the system’s COP. However, at higher condenser inlet temperatures, the single-stage cycle
can achieve a higher COP, since the smaller temperature difference to the final condensing
temperature reduces the compression work required in a single step. This confirms that the
cascade cycle is most beneficial in conditions where a high temperature lift is needed, whereas
for smaller temperature lifts, a single-stage cycle can be more efficient.

This behavior is consistent with previous studies on cascade refrigeration and heat pump
systems, which have shown that cascade cycles are particularly effective for applications re-
quiring large temperature differences, while single-stage cycles tend to be more efficient when
the temperature lift is moderate [25].

5.3 Screening of refrigerants
The performance of a heat pump depends on the choice of refrigerant. This section screens
potential refrigerants for both a simple vapor heat pump and a cascade heat pump, consid-
ering thermodynamic performance, environmental impact, and safety. The screening focuses
on refrigerants suitable for a condensing temperature of 65°C and an evaporating temper-
ature of 25°C. For the cascade heat pump, different refrigerant pairs are evaluated based
on COP and lower cycle condensing temperature (T3), with an intermediate heat exchanger
(IHX) temperature difference of ∆TIHX = 5K. Instead of selecting a single refrigerant, this
screening provides an overview of viable options and trade-offs for heat pumps in industrail
settings.

5.3.1 Screening of refrigerants for the simple vapor heat pump integration

The initial list of refrigerants, as presented in Table 2.1, has been narrowed down in this
section based on key criteria including critical temperature, normal boiling point (NBP), and
the availability of thermodynamic data. The refined selection considers only refrigerants that
meet the operational requirements of a heat pump with a condensing temperature of 65◦C
and an evaporating temperature of 25◦C, ensuring compatibility with the system’s thermal
lift.

Several recent studies [26, 27] have identified R1224yd(Z), R1336mzz(E), and R1336mzz(Z)
as promising low-GWP refrigerants for high-temperature heat pump applications, demon-
strating favorable thermodynamic performance and environmental benefits. However, these
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refrigerants are not currently available in CoolProp, limiting their implementation in this
study. Consequently, their performance could not be evaluated within the simulation frame-
work used in this research.

The updated table, Table 5.1, presents the refrigerants that are most suitable for this appli-
cation. These refrigerants were selected based on their ability to operate efficiently under the
given conditions while also adhering to safety and environmental regulations.

Table 5.1: Available and suitable refrigerants for the simple vapor heat pump.

Type Refrigerant Tcr (°C) Pcr (MPa) NBP (°C) ODP GWP Safety COP
HFC R134a 101.2 4.06 -25.9 0 1430 A1 4.86
HFC R161 102.2 5.09 -37.5 0 12 A3 4.99
HFC R152a 113.3 4.52 -24.0 0 140 A2 5.14
HFO R1234yf 94.7 3.38 -29.0 0 <1 A2L 4.54
HFO R1243zf 103.8 3.52 -25.5 0 0.8 A2L 4.82
HFO R1234ze(E) 109.4 3.64 -19.0 0 <1 A2L 4.87
HFO R1234ze(Z) 150.1 3.53 9.8 0 <1 A2L 5.33
HCFO R1233zd(E) 166.5 3.62 18.0 0.00034 1 A1 5.34
HC R1270 91.1 4.55 -42.1 0 3 A3 4.66
HC R290 96.7 4.25 -42.0 0 3 A3 4.71
HC R600a 134.7 3.66 -11.0 0 3 A3 5.07
HC R600 152.0 3.80 -0.5 0 3 A3 5.22
Natural R717 132.3 11.33 -33.0 0 0 B2L 5.34

R134a, an HFC refrigerant, serves as a benchmark due to its widespread use in heat pump
systems and its favorable thermodynamic performance. However, its high GWP of 1430 mo-
tivates the exploration of low-GWP alternatives.

In terms of environmental performance, the selected refrigerants comply with international
sustainability standards. R152a, although efficient and operationally compatible, has a GWP
of 140, which is significantly higher than most of the other options listed but remains within
acceptable regulatory limits. In contrast, natural refrigerants such as R600, R600a, and R717
stand out for their negligible GWP, aligning with global goals for sustainability. However,
their safety classifications (A3 for R600 and R600a and B2L for R717) demand careful im-
plementation and adherence to safety protocols, particularly in large-scale systems.

The synthetic refrigerants R1234ze(E) and R1234ze(Z) emerge as particularly promising op-
tions. Both have low GWP values, excellent thermodynamic properties, and favorable safety
classifications (A2L). Among these, R1234ze(Z) is particularly notable for its high COP value
compared to the rest of the refrigerants listed in the table. While R1233zd(E) offers advan-
tages in terms of safety (A1 classification) and low environmental impact, its high normal
boiling point could present challenges in applications requiring lower evaporating tempera-
tures.

5.3.2 Screening of refrigerans for the cascade heat pump

In cascade heat pump systems, the selection of refrigerants for the lower and upper cycles
significantly influences overall efficiency and operational feasibility. The first refrigerant in
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each pair operates in the lower cycle, where it evaporates at a lower temperature, while the
second refrigerant operates in the upper cycle, where it undergoes condensation and heat
rejection. To ensure effective thermal coupling, an intermediate heat exchanger (IHX) is
employed with a temperature difference of ∆TIHX = 5K. The choice of refrigerant affects key
performance indicators such as the COP and the condensing temperature of the lower cycle
(T3). To establish a benchmark, R134a was selected as a reference refrigerant for both cycles.
The R134a/R134a configuration resulted in a COP of 4.75 and a condensing temperature of
48.8◦C. This serves as a comparative basis for evaluating the performance of alternative re-
frigerant pairs in the cascade system. The comparison between different pairs of refrigerants
can be found in Table 5.2.

Table 5.2: Comparison of refrigerant combinations, COP values, and T3 tem-
peratures.

Refrigerants COP T3 (°C)
R134a / R134a 4.75 48.8
R717 / R717 5.04 48.6
R600 / R600 4.90 48.7
R600a / R600a 4.92 48.6
R290 / R290 4.63 48.8
R1234ze(Z) / R1234ze(Z) 5.08 48.8
R1233zd(E) / R1233zd(E) 5.09 48.7
R600 / R717 5.03 46.9
R717 / R600 5.03 50.5
R600/ R1233zd(E) 5.06 47.0
R1233zd(E)/ R600 5.05 50.5
R600 / R1234ze(Z) 5.05 47.1
R1234ze(Z) / R600 5.05 50.4
R1234ze(Z) / R1233zd(E) 5.06 49.8
R1234ze(Z) / R717 5.07 50.6

The analysis reveals a range of COP values between 4.63 and 5.09 across different refrigerant
combinations. Hydrocarbon-based refrigerants, such as R290 and R600, exhibit moderate
efficiency, with R290/R290 yielding the lowest COP of 4.63. Conversely, refrigerant pairs
incorporating R1233zd(E) and R1234ze(Z) achieve the highest COP values, indicating supe-
rior thermodynamic properties for these fluids in a cascade configuration. The combination
R1233zd(E)/R1233zd(E) reaches the highest COP of 5.09, suggesting minimal exergy losses
and effective heat transfer.

Condensing temperatures (T3) vary from 46.9◦C to 50.6◦C, with R600/R717 resulting in the
lowest condensing temperature, while R717/R600 and R1234ze(Z)/R717 exhibit the highest.
The use of R717 (ammonia) in the upper cycle leads to increased temperature lift, which may
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enhance heat rejection but also impose higher pressure requirements.

5.4 Evaluation of COP trends across individual, clustered,
and integrated heat pump configurations

Efficient heat pump operation depends on the balance between mass flow rates, temperature
lift, and system configuration. This analysis evaluates various the different concepts to deter-
mine their impact on heat pump performance. Table 5.3 presents data on individual process
lines, cluster formations, and the four heat pump concepts. For each concept, refrigerant
R134a is used as a reference for comparison.

Each process line requires heating to 60◦C at the condenser side, meaning the evaporator
conditions are adjusted accordingly to maintain thermal balance. The average mass flow
rates of the process fluid over a one-year period, along with key performance metrics such as
COP, work input (Ẇ in), and total heat output (Q̇heat), are presented in Table 5.3.

The first section of the table lists the performance parameters for each process line (1–10).
Since the evaporator inlet temperature (Te,i) remains constant for all lines, the evaporator
outlet temperature (Te,o) varies depending on the required heating demand and the corre-
sponding refrigerant pressure and phase change characteristics.

Below the individual lines, the cluster groups (1-2-3, 4-5-6, 7-8-9-10) are introduced. These
clusters aggregate multiple lines, with their corresponding condenser inlet temperature (Tc,i)
determined using the weighted average temperature Equation (6.3). The cluster-based ap-
proach is utilized in Concept 3, where three heat pumps serve predefined process groups
instead of separate units for each line.

The final four rows summarize the four proposed heat pump system configurations:

• Concept 1: Each line is equipped with an individual heat pump.

• Concept 2: A single centralized heat pump is used for all lines.

• Concept 3: Three heat pumps are deployed, each serving a specific cluster.

• Concept 4: A cascade heat pump configuration is implemented, leveraging heat recovery
through a secondary cycle.

For concepts 2, 3, and 4, the mixed condenser inlet temperature was determined using the
weighted average approach with Equation (6.3), with concept 3 applying this method sepa-
rately for each cluster.
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Table 5.3: Performance parameters for different heating configurations.

Line ṁe (kg/s) ṁc (kg/s) Te,i (◦C) Te,o(◦C) Tc,i(◦C) COPh COPc Ẇin (kW) Q̇heat(kW)
1 1.67 1.05 34.4 30.9 53.0 4.97 3.97 6.2 30.7
2 1.56 1.13 34.4 30.4 53.0 4.90 3.90 6.7 33.0
3 1.11 1.10 34.4 30.5 55.0 4.91 3.91 4.7 23.0
4 1.60 1.52 34.4 16.1 33.0 3.51 2.51 48.9 171.4
5 1.15 1.18 34.4 19.4 40.0 3.75 2.75 26.3 98.7
6 1.49 1.14 34.4 29.6 52.0 4.79 3.79 8.0 38.1
7 2.33 1.18 34.4 26.6 40.0 4.44 3.44 22.2 98.3
8 0.91 1.12 34.4 18.3 42.0 3.67 2.67 22.9 84.2
9 1.53 1.15 34.4 28.5 50.0 4.66 3.66 10.4 48.3
10 0.81 1.16 34.4 20.6 47.0 3.86 2.86 16.3 63.0
1-2-3 4.34 3.28 34.4 30.6 53.7 4.84 3.84 17.9 86.7
4-5-6 4.24 3.84 34.4 21.5 40.8 3.93 2.93 78.4 30.8
7-8-9-10 5.57 4.61 34.4 24.8 44.8 4.24 3.24 69.2 293.8
Concept 1 14.15 11.72 34.4 NaN NaN 3.99 2.99 172.5 688.8
Concept 2 14.15 11.72 34.4 25.5 45.9 4.32 3.32 159.6 688.8
Concept 3 14.15 11.72 34.4 NaN NaN 4.16 3.16 165.6 688.8
Concept 4 14.15 11.72 34.4 25.5 45.9 4.31 3.32 159.8 688.8

5.4.1 COP variations across individual lines

For individual lines (1 to 10), the heating COP ranges from 3.51 (line 4) to 4.97 (line 1).
This variation is largely attributed to differences in condenser inlet temperatures (Tc,i), mass
flows and corresponding compressor work input. Lines operating at higher Tc,i values tend to
exhibit higher COP values, as the required temperature lift across the compressor is reduced,
leading to lower work input. Conversely, lines with lower Tc,i, such as line 4 (33 ◦C condenser
inlet temperature), experience a larger temperature difference, increasing the work input and
thereby reducing COP.

5.4.2 COP trends in clustered configurations

The clustered configurations (1-2-3, 4-5-6, and 4-8-9-10) aggregate multiple lines into a single
system. The weighted average Tc,i values for each cluster were calculated based on mass flow
rates and inlet temperatures. The corresponding COP values for these configurations exhibit
a trend consistent with the individual lines. Notably, cluster 1-2-3, which has the highest
weighted Tc,i (53.7 ◦C), achieves a COP of 4.81, which is comparable to the highest COP
values among the individual lines. Meanwhile, cluster 4-5-6, with a lower Tc,i of 40.8 ◦C, shows
a reduced COP of 3.93, highlighting the sensitivity of system performance to temperature
lift.

5.4.3 COP performance in system concepts

The bottom section of the table presents four integrated system concepts, where multiple lines
are combined into a larger-scale heat pump system. The results indicate that concept 1 and
concept 3, which operate without precise temperature control, exhibit lower COP values of
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3.99 and 4.16, respectively. Concept 2 which account for a weighted condenser inlet tempera-
ture (45.9◦C), show improved COP values of 4.32, whereas concept 4 with the same weigthed
condenser inlet temperature results in a COP of 4.31. The weighted temperature approach
used in Concepts 2 and 4 leads to better efficiency by balancing temperature lifts, reducing
compressor work input, and thereby improving overall heat pump performance. Concept 4,
the cascade heat pump configuration, initially demonstrated a COP of 4.31 with a TIHX of 5
◦C. However, further analysis was conducted to evaluate the impact of different intermediate
heat exchanger temperature differences (TIHX) on system efficiency. By adjusting TIHX to
4 ◦C, 3 ◦C, and 2 ◦C, a trend was observed in which lower TIHX values resulted in changes
to system performance. Specifically, at TIHX = 4 ◦C, the COP increased slightly to 4.39,
whereas at TIHX = 3 ◦C and 2 ◦C, COP reached 4.39 and 4.48, respectively. The improved
COP at lower TIHX values is attributed to reduced exergy losses across the intermediate
heat exchanger, minimizing the temperature lift required at each stage of the cascade cycle.
However, as TIHX is further reduced, the improvements in COP become smaller due to the
increasing thermal resistance in the heat exchanger, which limits further efficiency increases.

5.5 Economic analysis of heat pump configurations
The economic viability of different heat pump configurations is assessed based on their op-
erational costs and the financial feasibility of implementation. The analysis considers both
the annual cost savings compared to steam-based heating and the investment constraints
imposed by a five-year payback period.

5.5.1 Operational cost comparison

A key aspect of evaluating the feasibility of different heat pump configurations is the asso-
ciated operational costs. The cost of steam is €34.15 per ton, while electricity is priced at
€123.43 per MWh. Additionally, the latent heat of steam at 3 bar is 2163 kJ/kg, which is
used to calculate the energy required for steam-based heating. These values form the basis
for the cost analysis of steam and electricity consumption across the four heat pump con-
cepts. Table 5.4 summarizes the annual energy costs for steam and electricity consumption
across the four heat pump concepts analyzed in this study. Steam costs remain constant at
€343.000 per year across all configurations, as the demand for backup steam is independent
of the specific heat pump design. However, electricity costs vary depending on the system
configuration, directly influencing the total operational expenditure.

Among the analyzed concepts, the centralized heat pump system (Concept 2) exhibits the
lowest electricity cost, followed closely by the cascade heat pump system (Concept 4). These
configurations achieve energy cost reductions of approximately 50% in both cases, relative to
steam-based heating. The efficiency gains in these concepts are attributed to improved tem-
perature matching and reduced compression work, leading to lower electricity consumption.
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Table 5.4: Annual energy costs for steam and electricity for the different heat pump concepts.

Cost Type Annual Cost (€)
Steam cost (all concepts) 343.000
Electricity cost - Concept 1 186.500
Electricity cost - Concept 2 172.600
Electricity cost - Concept 3 179.100
Electricity cost - Concept 4 172.800

Conversely, the independent heat pump configuration (Concept 1) incurs the highest elec-
tricity cost, demonstrating a 46% reduction compared to steam-based heating. This result
highlights the inefficiency of operating multiple standalone units, which increases redundancy
and energy consumption. The clustered heat pump configuration (Concept 3), where lines
are grouped into clusters, offers a 48% cost reduction, falling between the fully independent
and fully centralized approaches.

These trends align with the expected thermodynamic behavior of the systems. The cas-
cade heat pump system (Concept 4) benefits from staged compression, enhancing the COP,
while the centralized system (Concept 2) minimizes redundant heat pump operation, opti-
mizing electricity consumption.

The electricity costs associated with Concept 4 depend on the selected TIHX value, as lower
TIHX results in higher system efficiency and reduced electricity consumption. Table 5.5
presents the updated annual electricity cost estimates for Concept 4 at different TIHX settings.
At a TIHX of 2◦C, the annual electricity costs decrease to €163.200, compared to €172.800 at
5 ◦C. Relative to steam-based heating, this lowest-temperature configuration achieves a total
cost reduction of approximately 52%.

Table 5.5: Effect of TIHX variation on Ẇin and annual electricity costs for Concept 4.

TIHX(◦C) Ẇin(kW) Annual Cost (€)
5 159.8 172.800
4 156.8 169.500
3 153.9 166.400
2 150.9 163.200

5.5.2 Economic feasibility

The analysis demonstrates that while the proposed heat pump configurations achieve cost
reductions compared to steam-based heating, the financial feasibility remains a critical factor
to determine whether the project is viable. With a required payback period of five years in
Teijin Aramid, the total allowable investment for the heat pump system, including CAPEX,
installation, labor, maintenance, and additional infrastructure, is constrained by the total
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cost savings over that period.

Concept 2, which exhibits the lowest operational costs, results in annual savings of €170.400,
leading to a total five-year savings of €852.000. This indicates that the full cost of imple-
menting a heat pump system must remain below this threshold to meet the required payback
period. However, industrial heat pump installations, particularly for large-scale applications,
often require substantial capital investment. Based on discussions with industry experts
at company X during a site visit to a heat pump installation facility, industrial-scale heat
pump installations have demonstrated that actual investment costs have been observed to be
substantially higher than initial estimates with total investments frequently reaching several
million euros. A notable example is a 3 MW heat pump system, which was initially pro-
jected to cost €6 million but ultimately required an investment of €18 million. Given that
the required system capacity at Teijin Aramid is approximately 700 kW, a proportionally
scaled investment would likely surpass the available budget, posing a significant challenge to
financial feasibility.

Further calculations indicate that reducing the intermediate heat exchanger temperature
difference (TIHX) from 5◦C to 2◦C in the cascade heat pump configuration (Concept 4) in-
creases cost savings to €179.800 per year, resulting in a total five-year savings of €899.000.
Although this represents a slight improvement, the total savings still fall short of covering
the expected investment costs associated with an industrial-scale heat pump system.

Additionally, the cascade heat pump configuration introduces further capital expenditures
due to the need for an intermediate heat exchanger and a more complex system architec-
ture. Lowering TIHX to enhance efficiency also increases the cost of the heat exchanger itself,
further impacting overall investment requirements. These findings suggest that, despite the
operational cost benefits, the initial investment for an industrial heat pump system remains
a limiting factor within the defined payback period. Achieving financial feasibility may re-
quire alternative financing mechanisms, external subsidies, or an extended payback period to
justify the investment.

5.6 Selection of heat pump configurations for implementation
The evaluation of heat pump integration concepts demonstrates that centralized (Concept 2)
and cascade (Concept 4) configurations provide the best balance between energy efficiency,
feasibility, and cost-effectiveness. The centralized system uses a single large heat pump to
serve all process lines, stabilizing temperature fluctuations and improving overall efficiency.
This reduces electricity consumption, enhances COP, and simplifies maintenance, making it
a cost-effective solution for large-scale applications. However, since all lines depend on the
same system, any failure would require switching to the steam backup, making system relia-
bility a key consideration.

The cascade system further improves efficiency by dividing the temperature lift across two
stages, reducing compressor work and enabling the use of refrigerants optimized for different
temperature levels. Adjusting the intermediate heat exchanger temperature difference (TIHX)
enhances heat recovery, decreasing exergy losses and improving overall system performance.
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However, the performance gain compared to the centralized system is relatively small, while
the increased system complexity and higher capital investment (CAPEX) make implemen-
tation more challenging. As a result, for Teijin, the centralized configuration (Concept 2)
is the most attractive solution, providing the best trade-off between performance, cost, and
operational feasibility.
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Chapter 6

Effect of mixing on the
performance of heat pumps

Mixing in heat pump systems, where streams with differing temperatures are combined, signif-
icantly influences system performance, energy efficiency, and thermodynamic behavior. This
chapter investigates the impact of various mixing strategies on the performance of heat pumps,
with a focus on industrial processes at Teijin Aramid. Given the variability in temperatures of
process 2, the study evaluates whether it is more effective to mix streams or treat them indi-
vidually. Each strategy is assessed in terms of its effects on the COP, exergy destruction, and
system efficiency. By comparing mixing and non-mixing configurations, this chapter identi-
fies optimal heat pump configurations for industrial applications, balancing energy efficiency
and operational simplicity.
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6.1 Introduction to mixing strategies in heat pump systems
In Section 3.2, different heat pump integration concepts were introduced to improve ther-
mal efficiency in the industrial processes at Teijin. Among these concepts, mixing occurs
in all configurations except for the case in which each production line has its own dedi-
cated heat pump (concept 1). The results presented in Section 5.5 indicate that concepts
incorporating mixing achieve a higher COP than concept 1, which does not involve mixing.
However, conventional thermodynamic principles suggest that mixing may introduce addi-
tional irreversibilities, potentially reducing overall system performance [9]. Moreover, the
impact of mixing is influenced by its specific implementation, whether at the inlet or out-
let, and whether it occurs on the evaporator or condenser side. These variations may yield
contrasting effects on efficiency. Given these complexities and the potential for conflicting
outcomes, a comprehensive investigation is required to quantify the effects of mixing under
different conditions and to determine the circumstances under which mixing enhances or di-
minishes heat pump performance.

To systematically assess the role of mixing, this chapter investigates four fundamental mixing
scenarios, categorized based on the mixing location (condenser side or evaporator side) and
the mixing position (inlet or outlet). The four cases analyzed are:

(A) Inlet mixing at the condenser side: Two streams, each with a mass flow rate of
1.11 kg/s, mix before entering the condenser. The inlet temperatures are Tc,i,1 = 35◦C
and Tc,i,2 = 55◦C, resulting in a mixed temperature of Tc,i,3 = 45◦C and a combined
mass flow of 2.22 kg/s.

(B) Inlet mixing at the evaporator side: Two evaporator inlet streams, each with
a mass flow rate of 1.81 kg/s, mix before entering the heat pump. Their respective
temperatures are Te,i,1 = 32◦C and Te,i,2 = 40◦C, leading to a mixed temperature of
Te,i,3 = 36◦C and a combined mass flow of 3.62 kg/s.

(C) Outlet mixing at the condenser side: Two separate outlet streams from the con-
denser, each with a mass flow of 1.11 kg/s, mix after exiting their respective heat pumps.
Their outlet temperatures are Tc,o,1 = 55◦C and Tc,o,2 = 65◦C, resulting in a mixed
outlet temperature of Tc,o = 60◦C and a combined flow rate of 2.22 kg/s.

(D) Outlet mixing at the evaporator side: Two evaporator outlet streams mix after
passing through the heat pump. Each stream has a mass flow rate of 1.81 kg/s, with
outlet temperatures of Te,o,2 = 28◦C and Te,o,3 = 34◦C, leading to a mixed outlet
temperature of Te,o = 31◦C and a total mass flow of 3.62 kg/s.

These cases are analyzed first under constant mass flow conditions to isolate the effect of
temperature mixing. However, in Teijin’s industrial process, mass flows also vary dynami-
cally. Therefore, the analysis is extended to examine the inlet mixing case at the condenser
side combined with variations in mass flows.

These mixing strategies are visualized in Table 6.1 where each label (A), (B), (C), and
(D) corresponds directly to the scenarios described below. The dashed lines in the diagrams
represent the mixing process, where streams with different temperatures are combined to
form a single stream with an intermediate temperature.
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Table 6.1: Overview of inlet and outlet mixing configurations for the condenser and evaporator
sides of the heat pump. (A) Inlet mixing at the condenser side with inlet temperatures of 35◦C and
55◦C, each stream having a mass flow of 1.11 kg/s. (B) Inlet mixing at the evaporator side with inlet
temperatures of 32◦C and 40◦C, each stream having a mass flow of 1.81 kg/s. (C) Outlet mixing at
the condenser side with outlet temperatures of 55◦C and 65◦C, each stream having a mass flow of
1.11 kg/s. (D) Outlet mixing at the evaporator side with outlet temperatures of 28◦C and 34◦C, each

stream having a mass flow of 1.81 kg/s.
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The specific mixing strategy directly influences the inlet and outlet temperatures of the
streams, which in turn impacts the thermodynamic performance of the heat pump system.
These configurations serve as the foundation for assessing the effect of mixing on the system’s
COP. For each scenario, the COP is determined based on the weighted average temperatures
of the mixed streams and compared to non-mixing cases. The key parameters and fixed
values used in this analysis are summarized in Table 6.2.

Parameter Description Value Unit
ṁc Sink-side mass flow rate 1.11 kg/s
ṁc,1 Sink-side mass flow rate 1 1.11 kg/s
ṁc,2 Sink-side mass flow rate 2 1.11 kg/s
ṁc,3 Sink-side mass flow rate 3 2.22 kg/s
ṁe Source-side mass flow rate 1.81 kg/s
ṁe,1 Source-side mass flow rate 1 1.81 kg/s
ṁe,1 Source-side mass flow rate 2 1.81 kg/s
ṁe,3 Source-side mass flow rate 3 3.62 kg/s
Refrigerant Working fluid used in the heat pump R134a -
ηiso Isentropic efficiency of the compressor 0.7 -
cp Specific heat capacity of the working fluid 4182 J/kg·K
∆Tcond Temperature difference in the condenser 5 ◦C
∆Tevap Temperature difference in the evaporator 5 ◦C
Tc,i Condenser side inlet temperature 50 ◦C
Tc,o Condenser side outlet temperature 60 ◦C
Te,i Evaporator side inlet temperature 35 ◦C
Te,o Evaporator side outlet temperature 30 ◦C
Tc,i,1 Condenser side inlet temperature 1 35 ◦C
Tc,i,2 Condenser side inlet temperature 2 55 ◦C
Tc,i,3 Condenser side inlet temperature 3 45 ◦C
Tc,o,1 Condenser side outlet temperature 1 55 ◦C
Tc,o,2 Condenser side outlet temperature 2 65 ◦C
Te,i,1 Evaporator side inlet temperature 1 32 ◦C
Te,i,2 Evaporator side inlet temperature 2 40 ◦C
Te,i,3 Evaporator side inlet temperature 2 36 ◦C
Te,o,4 Evaporator side outlet temperature 4 28 ◦C
Te,o,5 Evaporator side outlet temperature 5 34 ◦C
Te,o,6 Evaporator side outlet temperature 6 31 ◦C

Table 6.2: Summary of fixed parameters, mass flow rates, and input/output
temperatures in the heat pump model.
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6.2 Thermodynamic principles of mixing
Mixing in heat pump systems significantly influences key thermodynamic properties, includ-
ing entropy generation and exergy destruction. Since mixing is inherently irreversible, it leads
to an increase in entropy (∆Smix) and a corresponding loss of available exergy, quantified as
exergy destruction (Ėdes). The entropy generation during mixing is expressed as [9]:

∆Smix =
n∑

j=1
ṁjsj − ṁtotsmix, (6.1)

where ṁtot and smix are the total mass flow and specific entropy of the mixed stream, re-
spectively, while ṁj and sj are the mass flow and specific entropy of the individual streams
before mixing.

The corresponding exergy destruction, which quantifies the loss of available work potential
due to irreversibilities, is determined by:

Ėdes = T0 · ∆Smix, (6.2)

where T0 denotes the ambient or dead-state temperature, which serves as the thermodynamic
reference in exergy analysis. It represents the temperature at which a system is in equilibrium
with its surroundings, meaning no useful work can be extracted.

To evaluate the impact of mixing on the heat pump system, the temperature of the mixed
stream is determined as a weighted average of the inlet stream temperatures:

Tmix =
∑n

j=1(cp,jṁjTj)∑n
j=1 cp,jṁj

, (6.3)

where cp,j is the specific heat at stream j. The mass flows of stream j is given by ṁj and Tj

is the temperature of stream j.

6.3 Integration of mixing in the heat pump model
This study analyzes a simple vapor compression heat pump governed by fundamental ther-
modynamic principles, with the energy balance equations and COP calculations detailed in
Section 2.3.1. The methodology used to analyze mixing at the condenser side follows an
identical approach to that described in the aforementioned section, with the heat transfer
and system performance evaluated based on the resulting mixed inlet temperature.

For mixing on the evaporator side, the same thermodynamic framework applies; however,
adjustments are required to account for the shift in energy balance constraints. Specifically,
when mixing occurs at the evaporator inlet, the resultant mixed temperature influences the
heat absorption process, thereby affecting the condenser outlet temperature (Tc,o). This ef-
fect is incorporated by modifying the energy balance equation, where the heat extracted by
the evaporator, as expressed in Equation (2.10), is used in conjunction with Equation 2.13
to determine the corresponding temperature shift at the condenser outlet.
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Mixing at the inlet For inlet mixing, the weighted average temperature is calculated
prior to entering the heat pump using Equation (6.3). This influences the heat transfer rate
(Q̇out or Q̇in), depending on whether mixing occurs at the evaporator or condenser. Once
the heat transfer rate is known, the COP of the heat pump is calculated using Equation (2.4).

In the case of non-mixing at the inlet, the streams are processed independently, each passing
through its own heat pump. Instead of using the mixed temperature, the calculations for
heat transfer rate and work input are performed separately for each stream. The total heat
delivered in the non-mixing case is expressed as:

Q̇heat,j =
n∑

j=1
ṁc,jcp,j(Tc,o − Tc,i,j), (6.4)

where ṁc,j the mass flow of the sink side is per stream j, Tc,o the required outlet tempera-
ture of the heat pump and Tc,i the weighted average temperature at the inlet of the heat pump.

The total work input is defined as:

Ẇin =
n∑

j=1
Ẇin,j , (6.5)

where Ẇin,j represents the work input of stream j.

Mixing at the outlet Outlet mixing occurs when streams with different temperatures
combine after exiting their respective heat pumps. The mixed outlet temperature is deter-
mined using Equation (6.3). Unlike inlet mixing, it does not impact the internal heat pump
performance, as mixing occurs after heat exchange. The total heat output and work input
remain unchanged, and COP is calculated similarly to the non-mixing case of inlet mixing.

Non-mixing refers to a configuration where each stream maintains its distinct outlet tem-
perature, with no interaction between separate heat pump units. In this scenario, the total
heat delivered and total work input are obtained by summing the individual stream contri-
butions, and no additional temperature averaging occurs.

6.4 Results and discussion
The following section shows the effects of mixing and non-mixing configurations on the per-
formance of a simple vapor compression heat pump system. The analysis encompasses both
the condenser and evaporator sides, assessing the influence of inlet and outlet temperature
variations on the system’s COP. Initially, the impact of inlet mixing is evaluated for both
sides, focusing on the thermodynamic consequences of combining inlet streams at different
temperatures. Subsequently, the implications of outlet mixing are investigated, analyzing the
effect of merging streams after they have undergone heat exchange within the heat pump.
Finally, a comprehensive exergy analysis is performed for all four scenarios to quantify ther-
modynamic efficiency and system irreversibilities.
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6.4.1 Inlet temperature mixing cases

Condenser side To assess the impact of inlet mixing on heat pump performance, two
scenarios are considered: one with separate processing of two streams (35 ◦C and 55 ◦C,
each 1.11 kg/s) and one where these streams are mixed into a single stream at 45 ◦C. The
thermodynamic consequences of these configurations are analyzed below.

Analysis of inlet mixing and non-mixing two streams of 35 ◦C and 55 ◦C with both a
mass flow of 1.11 kg/s

The table below summarizes the results of the performance comparison for mixing and
non-mixing inlet streams at the inlet of the condenser side:

Tc,i (°C) ṁc (kg/s) Q̇heat (kW) Ẇin (kW) Te,o (°C) COP
35 1.11 116.1 28.3 23.4 4.1
55 1.11 23.2 4.5 32.5 5.2
45 (Tmix) 2.22 139.4 30.4 27.8 4.6
35 & 55 (Non-mix.) 2.22 139.4 32.8 23.4 & 32.5 4.3

The COP for each configuration was calculated using Equation (2.4).

Mixing streams For the mixed case, the two inlet streams (35 ◦C and 55 ◦C) are
combined into a single stream with a weighted average temperature of 45 ◦C calculated
by Equation (6.3). The COP for the mixed configuration is calculated as:

COPmix = 139.4
30.4 = 4.6. (6.6)

Non-mixed streams For the non-mixed case, the streams are processed separately
by two heat pumps. Each stream maintains its original temperature before entering
its respective heat pump.
The COP for the stream at 35 ◦C can be determined by:

COP35 = 116.1
28.3 = 4.1, (6.7)

and for the stream at 55◦C:

COP55 = 23.2
4.5 = 5.2. (6.8)

The total COP for the non-mixed case, considering both streams, is:

COPnon-mix = 116.1 + 23.2
28.3 + 4.5 = 4.3. (6.9)

The mixed configuration demonstrates a COP of 4.6, compared to 4.3 for the non-
mixed case. These results highlight the advantage of mixing inlet streams in terms of
energy efficiency compared to the non-mixing case.
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Figure 6.1: COP curve as a function of inlet temperatures and under mixing and non-mixing
configurations. (A) Evaluates inlet streams on the condenser side, where two streams at 35 ◦C and
55 ◦C, each with a mass flow of 1.11 kg/s, are heated in the condenser. The process fluid enters the
evaporator at 35 ◦C, while the refrigerant condenses at a fixed temperature of 65 ◦C. The corresponding
refrigerant evaporating temperatures are 18.4 ◦C for the 35 ◦C stream, 27.5 ◦C for the 55 ◦C stream,
and 22.8 ◦C for the mixed case (45 ◦C inlet). (B) Examines inlet streams on the evaporator side, where
two streams at 32 ◦C and 40 ◦C, each with a mass flow of 1.81 kg/s, are cooled in the evaporator. The
refrigerant evaporates at a constant temperature of 25 ◦C, while the process fluid enters the condenser
at 50 ◦C. The corresponding refrigerant condensing temperatures are 58.9 ◦C for the 32 ◦C stream,

77.9 ◦C for the 40 ◦C stream, and 67.5 ◦C for the mixed case (36 ◦C inlet).

The results in Figure 6.1(A) show that the mixed configuration achieves a higher COP than
the non-mixed case. This outcome is primarily due to the distribution of work input across
the two streams.

In the non-mixed configuration, the streams at 35 ◦C and 55 ◦C are processed separately
by individual heat pumps. While the 55 ◦C stream requires relatively little work input to
reach the target outlet temperature of 60 ◦C, the 35 ◦C stream demands significantly more
energy to achieve the same temperature increase. The additional work required to heat the
low-temperature stream outweighs the savings gained from the high-temperature stream,
leading to a higher total work input and a lower overall COP.

Conversely, in the mixed configuration, the two streams are combined before entering the
heat pump, resulting in a single stream at 45 ◦C. This approach eliminates the extreme en-
ergy demand of the 35 ◦C stream, allowing for a more balanced distribution of work input.
Since the heat pump now operates with a more moderate temperature difference, the total
work input is lower, improving efficiency and increasing the COP.
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Evaporator side The analysis of inlet mixing at the evaporator side follows the same ap-
proach as the condenser-side case, evaluating two streams with inlet temperatures of 32 ◦C
and 40 ◦C, each with a mass flow rate of 1.81 kg/s, under both mixed and non-mixed con-
figurations. As shown in Figure 6.1(B), the mixed configuration achieves a higher COP than
the non-mixed case, primarily due to the redistribution of cooling demand across the streams.

The observed decrease in COP with increasing evaporator inlet temperature, as shown in
Figure 6.1(B), is attributed to the fixed evaporating temperature of 25 ◦C, which is con-
strained by the required outlet temperature of 30 ◦C and a heat exchanger temperature
difference of 5 ◦C. As the evaporator inlet temperature rises, the condenser outlet temper-
ature increases accordingly, leading to a higher condensing temperature. This results in an
increased pressure ratio, as the evaporating pressure remains constant while the condensing
pressure rises. Consequently, the compressor requires more work input, reducing the overall
COP.

In the non-mixed configuration, the streams at 32 ◦C and 40 ◦C are processed separately
by individual heat pumps. While the 32 ◦C stream requires relatively little cooling to reach
the target evaporator outlet temperature of 30 ◦C, the 40 ◦C stream requires significantly
more heat extraction to achieve the same outlet temperature. The greater cooling demand
of the higher-temperature stream leads to increased compressor work, which outweighs the
efficiency gained from the low-temperature stream. Consequently, the total work input of the
non-mixing case is higher, resulting in a lower overall COP.

In contrast, in the mixed configuration, the two streams are combined before entering the
heat pump, forming a single stream at 36 ◦C. This eliminates the extreme cooling demand of
the 40 ◦C stream while slightly increasing the cooling requirement of the 32 ◦C stream. As a
result, the system experiences a more balanced cooling load, reducing the overall compressor
work. This leads to improved efficiency and an increased COP of 4.5 compared to the non-
mixed configuration, which achieves a COP of 3.7 due to the higher work input required for
separate stream processing.
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6.4.2 Outlet temperature mixing cases

Condenser side To analyze the impact of mixing at the outlet streams on the condenser
side, two cases are compared: one involving outlet streams at 55 ◦C and 65 ◦C, each with
a mass flow rate of 1.11 kg/s. These are compared with a non-mixing configuration where
both streams independently reach 60 ◦C. These cases are discussed below:

Analysis of outlet mixing and non-mixing two streams of 55 ◦C and 65 ◦C with both
a mass flow of 1.11 kg/s

The table below summarizes the results of the performance comparison for mixing and
non-mixing streams at the outlet of the condenser side:

Tc,o (°C) ṁc (kg/s) Q̇heat (kW) Ẇin (kW) Te,o (°C) COP
55 1.11 23.2 3.8 32.4 6.1
65 1.11 69.7 17.3 28.1 4.0
60 & 60 (Non-mix.) 2.22 92.9 19.1 30.1 & 30.1 4.9
60 (Tmix ) 2.22 92.9 21.1 32.4 & 28.1 4.4

The COP for each configuration was calculated using Equation (2.4).

Mixing streams For the mixed case, the two streams (55 ◦C and 65 ◦C) are
combined at the outlets of the heat pumps into a single stream with a weighted
average temperature of 60 ◦C calculated by Equation (6.3). The COP for the mixed
configuration is calculated in the following ways:

For the stream at 55 ◦C:
COP55 = 23.2

3.8 = 6.1 (6.10)

For the stream at 65◦C:
COP65 = 69.7

17.3 = 4.0 (6.11)

The total COP for the non-mixed case, considering both streams, is:

COPmix = 23.2 + 69.7
3.8 + 17.3 = 4.4 (6.12)

Non-mixed streams In this case, the streams are processed separately by two heat
pumps. Each stream maintains its original temperature before entering its respective
heat pump.

COPnon-mix = 92.9
19.1 = 4.9 (6.13)

The mixed configuration demonstrates a COP of 4.4, compared to 4.9 for the non-
mixed case. These results indicate that mixing outlet streams leads to a reduction in
energy efficiency compared to the non-mixing case.

The results shown in Figure 6.2(A) indicate that the non-mixed configuration achieves a
higher COP than the mixed case, which contrasts with the trends observed for inlet mixing.
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Figure 6.2: COP curves as functions of outlet temperatures for mixing and non-mixing configura-
tions: (A) Evaluates condenser outlet temperatures for streams at 55 ◦C and 65 ◦C (mixing) and 60
◦C (non-mixing). The process fluid enters the evaporator at 35 ◦C, and enters the condenser at a
temperature of 50 ◦C. The corresponding refrigerant evaporating temperatures are 27.4 ◦C for the 55
◦C stream, 23.1 ◦C for the 65 ◦C stream, and 25.1 ◦C for the non-mixed 60 ◦C streams. (B) Examines
evaporator outlet temperatures for streams at 28 ◦C and 34 ◦C (mixing) and 31 ◦C (non-mixing).
The process fluid enters the evaporator at a temperature of 35 ◦C, and enters the condenser at 50 ◦C.
The corresponding refrigerant condensing temperatures are 70.1 ◦C for the 28 ◦C stream, 56.9 ◦C for

the 34 ◦C stream, and 63.0 ◦C for the non-mixed 31 ◦C case.

This outcome can be explained by the distribution of heating demand between the streams.

The decrease in the COP curve with increasing condenser outlet temperature, as shown
in Figure 6.1(A), is due to the higher heat demand at the condenser while the inlet tem-
peratures remain fixed. As the outlet temperature increases, more heat must be supplied,
which requires additional heat extraction from the evaporator. To maintain this balance,
the evaporating temperature decreases, while the condensing temperature rises, leading to a
higher pressure ratio across the compressor. This increased pressure ratio results in greater
compressor work input, ultimately reducing the COP as the condenser outlet temperature
rises.

In the mixed configuration, the two streams are processed separately, each reaching its des-
ignated outlet temperature before being combined. The stream exiting at 65 ◦C exhibits a
significantly higher heat demand compared to the 55 ◦C stream, as it requires greater thermal
input to reach its outlet temperature from the fixed condenser inlet temperature of 50 ◦C.
While the 55 ◦C stream undergoes a relatively minor temperature increase, the energy sav-
ings associated with its lower heat demand are insufficient to offset the substantially greater
energy input required for the 65 ◦C stream. Consequently, the total compressor work remains
high, leading to a reduction in overall COP for the mixed case compared to the non-mixed
case.
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Conversely, in the non-mixed configuration, both streams are heated to a uniform outlet
temperature of 60 ◦C, which results in a more balanced heat demand distribution. By avoiding
the excessive energy requirement associated with separately heating the higher-temperature
stream, the total work input is reduced, yielding a higher COP compared to the mixed case.

Evaporator side A similar analysis is conducted for outlet mixing at the evaporator side,
where two streams exit the evaporator at 28 ◦C and 34 ◦C. These streams mix at the evap-
orator outlet, forming a single stream at 31 ◦C. The results indicate that the non-mixed
configuration achieves a higher COP than the mixed case, consistent with the trends ob-
served for condenser-side outlet mixing. This is shown in Figure 6.2(B).

The observed increase in the COP curve with a higher evaporator outlet temperature re-
sults from a reduced cooling load at the evaporator. With constant inlet temperatures, less
heat extraction leads to a lower heat rejection at the condenser, decreasing the condensing
temperature and pressure.Simultaneously, the higher evaporator outlet temperature raises
the evaporating pressure. Combined with a lower condensing temperature and pressure, this
results in a reduced pressure ratio across the compressor. This lowers the work input, im-
proving efficiency and increasing COP.

In the mixing configuration, the 28 ◦C and 34 ◦C streams combine into a single 31 ◦C stream
at the evaporator outlet. The 28 ◦C stream requires greater heat extraction, as more energy
must be removed from the stream cooling from 35 ◦C to 28 ◦C compared to the stream cooling
from 35 ◦C to 34 ◦C, resulting in higher compressor work. Meanwhile, the 34 ◦C stream, which
requires less cooling, does not offset this increased energy demand. The increased work input
from the low-temperature stream outweighs the benefit of the higher-temperature stream,
resulting in a lower overall COP compared to the non-mixed configuration.

Conversely, in the non-mixed configuration, both streams are cooled directly to 31 ◦C, ensur-
ing a uniform thermal load distribution across the system. By avoiding the additional cooling
demand imposed by the lower-temperature stream in the mixing case, the compressor work
input remains more balanced. This results in a more efficient heat extraction process, re-
ducing the overall energy requirement and yielding a higher COP compared to the mixing
configuration.
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6.4.3 Inlet mixing extended analysis: Mass flow variation on condenser
and evaporator side

The results from the initial temperature mixing cases discussed in Sections 6.4.1 and 6.4.2
demonstrated that inlet mixing improved COP, whereas outlet mixing led to efficiency losses.
However, these cases were analysed under the assumption of constant mass flow rates. In
reality, industrial systems such as in the case of Teijin experience fluctuating mass flows,
which can significantly impact system performance.

While previous analyses considered various temperature conditions, this extended investi-
gation focuses exclusively on the inlet mixing case at the condenser side with 35 ◦C and 55
◦C streams, referred to as the reference scenario. In this case, the system operates with a
constant mass flow rate of 1.11 kg/s on the condenser side and 1.81 kg/s on the evaporator
side. Under these conditions, the COP of the 35 ◦C stream is 4.1, the 55 ◦C stream is 5.2,
the mixing case is 4.6, and the non-mixing case is 4.3. In the mixing case, the two inlet
streams at 35 ◦C and 55 ◦C are combined into a single stream at 45 ◦C, due to their equal
mass flow rates, and processed by a single heat pump. In contrast, in the non-mixing case,
each stream is processed separately, with the total system COP calculated by summing the
heating capacities and dividing them by the total work input.

Table 6.3: Reference case.

Tc,i (°C) ṁc (kg/s) ṁe (kg/s) Q̇heat (kW) Ẇin (kW) Te,o (°C) COP
35 1.11 1.81 116.1 28.3 23.4 4.1
55 1.11 1.81 23.2 4.5 32.5 5.2
45 (Tmix) 2.22 3.62 139.4 30.4 27.8 4.6
35 & 55 (Non-mix.) 2.22 3.62 139.4 32.8 23.4 & 32.5 4.3

This reference scenario is selected because it aligns with the operating conditions at Teijin
and serves as the baseline for all mass flow variation cases in this study. Other cases from
the initial analysis, which involved different temperature configurations, are not considered
in this extended study..

To expand upon this case, the analysis now incorporates mass flow variations to evaluate
their effect on system performance. Specifically, the study examines:

• Variations in mass flow at the evaporator side, while keeping the condenser-side mass
flow constant.

• Variations in mass flow at the condenser side, while keeping the evaporator-side mass
flow constant.

The considered mass flow variations are summarized in Table 6.4, which categorizes the
scenarios based on whether the change takes place on the evaporator or condenser side and
whether the mass flow is increased or decreased. This structured approach allows for a
systematic evaluation of thermodynamic effects under varying flow conditions.
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Table 6.4: Classification of mass flow variation scenarios based on increases and decreases in the 35
◦C and 55 ◦C streams for the evaporator and condenser sides.

Evaporator Condenser

Increasing

•The mass flow of the 55 ◦C stream was
increased to 2.50 kg/s, while the 35 ◦C
stream remained at 1.81 kg/s.

•The mass flow of the 35 ◦C stream was
increased to 2.50 kg/s, while the 55 ◦C
stream remained at 1.81 kg/s.

•The mass flow of the 55 ◦C stream was
increased to 1.39 kg/s, while the 35 ◦C
stream remained at 1.11 kg/s.

•The mass flow of the 35 ◦C stream was
increased to 1.39 kg/s, while the 55 ◦C
stream remained at 1.11 kg/s.

Decreasing

•The mass flow of the 55 ◦C stream was
reduced to 1.11 kg/s, while the 35 ◦C
stream remained at 1.81 kg/s.

•The mass flow of the 35 ◦C stream was
reduced to 1.11 kg/s, while the 55 ◦C
stream remained at 1.81 kg/s.

•The mass flow of the 55 ◦C stream was
reduced to 0.83 kg/s, while the 35 ◦C
stream remained at 1.11 kg/s.

•The mass flow of the 35 ◦C stream was
reduced to 0.83 kg/s, while the 55 ◦C
stream remained at 1.11 kg/s.

Variation in evaporator mass flow (ṁe) To assess the impact of mass flow variations
on system performance, the following analysis examines both reductions and increases in
evaporator side mass flow. Since the total heat transfer remains constant, the evaporator
outlet temperature adjusts accordingly to maintain energy balance. Since the condenser side
mass flows remained equal, the mixed inlet temperature was calculated to be 45 ◦C in all
cases. The results are presented in Figure 6.3 for mass flow reductions and Figure 6.4 for
mass flow increases. Corresponding performance parameters are detailed in Tables 6.5, 6.6,
6.7 and 6.8.

• Decrease of mass flow at evaporator side
As presented in Table 6.5, when the mass flow of the 55 ◦C stream is reduced, the COP
of the 35 ◦C stream remains unchanged at 4.1, while the COP of the 55 ◦C stream
decreases from 5.2 to 5.0. The COP of the mixing case declines from 4.6 to 4.4, and the
non-mixing case decreases from 4.3 to 4.2. Although reducing the mass flow negatively
affects system performance, the difference between the mixing and non-mixing cases is
reduced.

In contrast, when the mass flow of the 35◦C stream is reduced, as shown in Table
6.6, the COP of this stream decreases significantly from 4.1 to 3.6, whereas the COP of
the 55 ◦C stream remains constant at 5.2. The COP of the mixing case remains at 4.4,
while the non-mixing case declines further to 3.8. This indicates that a reduction in the
35 ◦C stream has a more pronounced negative effect on system performance compared
to a reduction in the 55 ◦C stream.

The 35 ◦C stream has a greater influence on overall system efficiency, as previously
analyzed in Section 6.4.1 on inlet mixing effects at the evaporator side. Since the en-
ergy losses associated with the 35 ◦C stream were already greater than the efficiency
gains from the 55 ◦C stream, further reducing its mass flow intensifies this effect. With
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a lower mass flow rate, the same amount of heat must be extracted from a smaller mass,
resulting in a lower evaporating temperature. Consequently, the evaporator pressure
decreases, while the condenser pressure remains unchanged, leading to an increased
compressor pressure ratio and higher work input requirements. Given that the non-
mixing case was already less efficient in handling lower-temperature streams, a further
reduction in the 35 ◦C stream’s mass flow amplifies this disparity, widening the perfor-
mance gap between the mixing and non-mixing cases.

Further analysis indicates that if the mass flow of the 55 ◦C stream is reduced be-
low 0.69 kg/s, the non-mixing case becomes more efficient than the mixing case. This
suggests that under conditions of extreme mass flow reduction, the efficiency benefits
of mixing are diminished, and non-mixing may become the preferable configuration.
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Figure 6.3: Effect of evaporator mass flow reduction on COP for mixing and non-mixing config-
urations: (A) The mass flow rate of the 55 ◦C stream is reduced from 1.81 to 1.11 kg/s, while the
mass flow of the 35 ◦C stream remains constant at 1.81 kg/s. Under these conditions, the evaporating
temperature of the 35 ◦C stream is 18.4 ◦C, the evaporating temperature of the 55 ◦C stream is 26.0
◦C, and the evaporating temperature of the mixed stream at 45 ◦C is 21.2 ◦C. (B) The mass flow
rate of the 35 ◦C stream is reduced from 1.81 to 1.11 kg/s, while the mass flow of the 55 ◦C stream
remains constant. Under these conditions, the evaporating temperature of the 35 ◦C stream decreases
to 12.0 ◦C, while the evaporating temperature of the 55 ◦C stream remains at 27.5 ◦C. The evapo-
rating temperature of the mixed stream at 45 ◦C remains 21.2 ◦C. All cases operates at a condensing

temperature of 65 ◦C.

Table 6.5: Performance parameters for varying evaporator side mass flow with a reduction in 55◦C
stream mass flow from 1.81 to 1.11 kg/s while keeping the 35◦C stream mass flow at 1.81 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 1.81 116.2 28.3 23.4 4.1
55 1.11 1.11 23.2 4.7 31.0 5.0
45 (Tmix ) 2.22 2.92 139.4 31.8 26.2 4.4
35 & 55 (Non-mix.) 2×1.11 1.81 & 1.11 139.4 33.0 23.4 & 31.0 4.2
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Table 6.6: Performance parameters for varying evaporator-side mass flow with a reduction in 35 ◦C
stream mass flow from 1.81 to 1.11 kg/s while keeping the 55 ◦C stream mass flow at 1.81 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 1.11 116.2 32.5 17.0 3.6
55 1.11 1.81 23.2 4.5 32.5 5.2
45 (Tmix ) 2.22 2.92 139.4 31.8 26.2 4.4
35 & 55 (Non-mix.) 2×1.11 1.81 & 1.11 139.4 37.0 17.0 & 32.5 3.8

• Increase of mass flow at evaporator side
A similar trend is observed when the mass flow is increased. As presented in Table 6.7,
when the mass flow of the 35 ◦C stream is increased, the COP of this stream improves
from 4.1 to 4.4, while the 55 ◦C stream remains constant at 5.2. The mixing case COP
increases from 4.6 to 4.7, and the non-mixing case improves from 4.3 to 4.5. Since only
the 35 ◦C stream benefits from the increased mass flow, while the 55 ◦C stream remains
unchanged, the performance gap between the mixing and non-mixing cases narrows.

As shown in Table 6.8, when the mass flow of the 55◦C stream is increased, the COP
of this stream improves from 5.2 to 5.3, while the 35 ◦C stream remains constant at
4.1. The mixing case COP remains at 4.7, similar to the previous case, while the non-
mixing case remains at 4.3. In this scenario, since only the 55 ◦C stream benefits,
while the 35 ◦C stream remains unchanged, the performance gap between the mixing
and non-mixing cases increases. This contrasts with the case where the mass flow of
the 35 ◦C stream was increased, where the COP improvement was more evenly dis-
tributed across the system, leading to a smaller difference in performance between the
two configurations.

Table 6.7: Performance parameters for varying evaporator side mass flow with an increase in 55 ◦C
stream mass flow from 1.81 to 2.50 kg/s while keeping 35 ◦C at 1.81 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 1.81 116.2 28.3 23.4 4.1
55 1.11 2.50 23.2 4.4 33.2 5.3
45 (Tmix ) 2.22 4.31 139.4 29.6 28.9 4.7
35 & 55 (Non-mix.) 2×1.11 1.81 & 2.50 139.4 32.7 23.4 & 33.2 4.3

Table 6.8: Performance parameters for varying evaporator-side mass flow with an increase in 35 ◦C
stream mass flow from 1.81 to 2.50 kg/s while keeping 55 ◦C at 1.81 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 2.50 116.2 26.3 26.4 4.4
55 1.11 1.81 23.2 4.5 32.5 5.2
45 (Tmix ) 2.22 4.31 139.4 29.6 28.9 4.7
35 & 55 (Non-mix.) 2×1.11 2.50 & 1.81 139.4 30.8 26.4 & 32.5 4.5
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Figure 6.4: Effect of evaporator mass flow increase on COP for mixing and non-mixing configu-
rations: (A) The mass flow rate of the 55 ◦C stream is increased from 1.81 to 2.50 kg/s, while the
mass flow of the 35 ◦C stream remains constant at 1.81 kg/s. Under these conditions, the evaporating
temperature of the 35 ◦C stream is 18.4 ◦C, the evaporating temperature of the 55 ◦C stream is 28.2
◦C, and the evaporating temperature of the mixed stream at 45 ◦C is 23.9 ◦C. (B) The mass flow
rate of the 35 ◦C stream is increased from 1.81 to 2.50 kg/s, while the mass flow of the 55 ◦C stream
remains constant. Under these conditions, the evaporating temperature of the 35 ◦C stream decreases
to 21.4 ◦C, while the evaporating temperature of the 55 ◦C stream remains at 27.5 ◦C. The evapo-
rating temperature of the mixed stream at 45 ◦C remains 23.9 ◦C. All cases operates at a condensing

temperature of 65 ◦C.

Variation in condenser mass flow (ṁc) To evaluate the impact of condenser-side mass
flow variations on system performance, this analysis examines both reductions and increases
in mass flow. Unlike the evaporator-side analysis, where the mixed inlet temperature re-
mained constant at 45 ◦C, variations in condenser mass flow alter the weighted average inlet
temperature. When the mass flow of the 35 ◦C stream increases, the mixed inlet temperature
decreases below 45 ◦C, whereas an increase in the 55 ◦C stream mass flow results in a higher
mixed inlet temperature. Since the target outlet temperature is maintained at 60 ◦C, in ac-
cordance with Teijin’s operational conditions, changes in mass flow lead to variations in heat
demand. A lower mixed inlet temperature necessitates a greater temperature lift, thereby
increasing the compressor work input and reducing system efficiency. Conversely, a higher
mixed inlet temperature lowers the required temperature difference, mitigating the workload
on the compressor and potentially improving efficiency.

The effects of mass flow increases are illustrated in Figure 6.5, while Figure 6.6 presents
the impact of mass flow reductions. The corresponding performance parameters are detailed
in Tables 6.9, 6.10, 6.11, and 6.12.

• Increase of mass flow at condenser side
As shown in Table 6.9, when the mass flow of the 55 ◦C stream increases, the COP of
the 35 ◦C stream remains at 4.1, while the COP of the 55 ◦C stream decreases from
5.2 to 5.1. The average mixed temperature, which was 45 ◦C in the reference case,
increases to 46.1 ◦C due to the larger contribution of the higher-temperature stream
in the weighted average. As a result, the mixing case COP decreases to 4.5, while the
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non-mixing case COP remains at 4.3, indicating that the non-mixing configuration is
unaffected, whereas the mixing case experiences a slight efficiency reduction.

Similarly, as presented in Table 6.10, when the mass flow of the 35 ◦C stream in-
creases, the COP of this stream decreases from 4.1 to 3.9, whereas the COP of the 55
◦C stream remains unchanged at 5.2. The mixed temperature decreases to 43.8 ◦C, as
the greater mass flow of the lower-temperature stream dominates the weighted average
calculation. Consequently, the mixing case COP declines to 4.4, while the non-mixing
case COP decreases to 4.0, reflecting a notable reduction in system efficiency compared
to the reference case.

The observed decrease in system performance with increased mass flow at the con-
denser side is primarily due to the higher heat demand at the condenser, as more
energy must be transferred to achieve the same outlet temperature with a larger mass
flow. Consequently, a greater amount of heat must be extracted at the evaporator side,
which lowers the evaporating temperature while the condensing temperature remains
constant. This increases the compressor pressure ratio, requiring more work input,
leading to a decline in overall COP.
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Figure 6.5: Effect of condenser mass flow increase on COP for mixing and non-mixing configurations:
(A) The mass flow rate of the 55 ◦C stream is increased from 1.11 to 1.39 kg/s, while the mass flow of
the 35 ◦C stream remains constant at 1.11 kg/s. Under these conditions, the evaporating temperature
of the 35 ◦C stream is 18.4 ◦C, the evaporating temperature of the 55 ◦C stream is 26.9 ◦C, and the
evaporating temperature of the mixed stream at 46.1 ◦C is 22.5 ◦C. (B) The mass flow rate of the
35 ◦C stream is increased from 1.11 to 1.39 kg/s, while the mass flow of the 55 ◦C stream remains
constant at 1.11 kg/s. Under these conditions, the evaporating temperature of the 35 ◦C stream is 15.7
◦C, while the evaporating temperature of the 55 ◦C stream is 27.5 ◦C. The evaporating temperature
of the mixed stream at 43.8 ◦C is 21.3 ◦C. All cases operates at a condensing temperature of 65 ◦C.
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Table 6.9: Performance parameters for varying condenser-side mass flow with an increase in 55 ◦C
stream mass flow from 1.11 to 1.39 kg/s while keeping the 35 ◦C stream mass flow at 1.11 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 1.81 116.2 28.3 23.4 4.1
55 1.39 1.81 29.0 5.7 31.9 5.1
46.1 (Tmix ) 2.50 3.62 145.2 32.0 27.5 4.5
35 & 55 (Non-mix.) 1.11 & 1.39 2×1.81 145.2 34.0 23.4 & 31.9 4.3

Table 6.10: Performance parameters for varying condenser-side mass flow with an increase in 35 ◦C
stream mass flow from 1.11 to 1.39 kg/s while keeping the 55 ◦C stream mass flow at 1.11 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.39 1.81 145.2 37.5 20.7 3.9
55 1.11 1.81 23.2 4.5 32.5 5.2
43.8 (Tmix ) 2.50 3.62 168.4 38.2 26.3 4.4
35 & 55 (Non-mix.) 1.11 & 1.39 2×1.81 168.4 42.0 20.7 & 32.5 4.0

• Decrease of mass flow at condenser side
As presented in Table 6.11, when the mass flow of the 55 ◦C stream is reduced, the
COP of this stream increases from 5.2 to 5.3, while the COP of the 35 ◦C stream
remains unchanged at 4.1. The average mixed temperature decreases to 43.6 ◦C, as
the lower mass flow of the 55 ◦C stream reduces its influence on the weighted av-
erage temperature. This results in a mixing case COP of 4.6 and a non-mixing case
COP of 4.2, showing a minor performance improvement compared to the reference case.

Conversely, as shown in Table 6.12, when the mass flow of the 35 ◦C stream is re-
duced, the COP of this stream increases from 4.1 to 4.4, while the COP of the 55 ◦C
stream remains unchanged at 5.2. The mixed temperature increases to 46.4 ◦C, as the
55 ◦C stream has a greater impact on the weighted average due to its relatively higher
mass flow. This leads to a mixing case COP of 4.8 and a non-mixing case COP of 4.5,
demonstrating a significant efficiency improvement compared to the reference case.

A comparison of these two mass flow reduction cases reveals that reducing the mass
flow of the 35 ◦C stream leads to greater COP improvements than reducing the mass
flow of the 55 ◦C stream. This occurs because the 35 ◦C stream has a stronger impact
on system performance, and even a small reduction in its mass flow leads to substan-
tial efficiency gains. The lower heat load associated with the 35 ◦C stream reduces
the required temperature lift, thereby decreasing compressor work input and improving
overall system efficiency.
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Figure 6.6: Effect of condenser mass flow decrease on COP for mixing and non-mixing configurations:
(A) The mass flow rate of the 55 ◦C stream is decreased from 1.11 to 0.83 kg/s, while the mass flow of
the 35 ◦C stream remains constant at 1.11 kg/s. Under these conditions, the evaporating temperature
of the 35 ◦C stream is 18.4 ◦C, the evaporating temperature of the 55 ◦C stream is 28.1 ◦C, and the
evaporating temperature of the mixed stream at 43.6 ◦C is 22.8 ◦C. (B) The mass flow rate of the
35 ◦C stream is decreased from 1.11 to 0.83 kg/s, while the mass flow of the 55 ◦C stream remains
constant at 1.11 kg/s. Under these conditions, the evaporating temperature of the 35 ◦C stream is 21.1
◦C, while the evaporating temperature of the 55 ◦C stream is 27.5 ◦C. The evaporating temperature
of the mixed stream at 46.4 ◦C is 24.2 ◦C. All cases operates at a condensing temperature of 65 ◦C.

Table 6.11: Performance parameters for varying condenser-side mass flow with a reduction in 55 ◦C
stream mass flow from 1.11 to 0.83 kg/s while keeping the 35 ◦C stream mass flow at 1.11 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 1.11 1.81 116.2 28.3 23.4 4.1
55 0.83 1.81 17.4 3.3 33.1 5.3
43.6 (Tmix ) 1.94 3.62 133.6 29.0 27.8 4.6
35 & 55 (Non-mix.) 1.11 & 0.94 2×1.81 133.6 31.6 23.4 & 33.1 4.2

Table 6.12: Performance parameters for varying condenser-side mass flow with a reduction in 35 ◦C
stream mass flow from 1.11 to 0.83 kg/s while keeping the 55 ◦C stream mass flow at 1.11 kg/s.

Tc,i(◦C) ṁc(kg/s) ṁe(kg/s) Q̇heat(kW) Ẇin(kW) Te,o(◦C) COP
35 0.83 1.81 87.1 19.9 26.1 4.4
55 1.11 1.81 23.2 4.5 32.5 5.2
46.4 (Tmix ) 1.94 3.62 110.4 23.3 29.2 4.8
35 & 55 (Non-mix.) 0.94 & 1.11 2×1.81 110.4 24.4 26.1 & 32.5 4.5

6.4.4 Inlet mixing condenser side extended: Mixing of cascade with simple
vapor heat pump



6.4. Results and discussion 83

The previous analysis of inlet mixing at the condenser side (Section 6.4.1) compared a mixed
configuration, where 35 ◦C and 55 ◦C streams were pre-mixed before heating from 45 ◦C to 60
◦C, with a non-mixing case, where each stream was heated separately to 60 ◦C. Mixing was
found to improve COP, as direct heating from 35 ◦C to 60 ◦C required significantly higher
compressor work, reducing non-mixing efficiency.

To further examine the impact of temperature lift distribution, an alternative heating strat-
egy was introduced. In this approach, the 35 ◦C stream was heated in incremental steps of
5 ◦C using a cascade heat pump system, rather than undergoing a single large temperature
increase. This stepwise heating strategy was then combined with the original 55 ◦C to 60 ◦C
heating process, with the objective of determining whether mixing would still provide a COP
advantage under this configuration.

As illustrated in Figure 6.7, the mixing process results in an effective inlet temperature of 45
◦C, thereby bypassing the first two heating stages in the cascade system. Consequently, in the
mixed configuration, the stream is heated directly from 45 ◦C to 60 ◦C in 5 ◦C increments,
rather than following the full cascade sequence. The stepwise heating approach is outlined
in Table 6.13, which provides an overview of the temperature steps in each configuration.
This adjusted approach allows for a more detailed assessment of whether stepwise heating
mitigates the performance gap between mixing and non-mixing cases and provides further
insight into the thermodynamic efficiency of temperature lift distribution.

Table 6.13: Overview of temperature steps in each configuration

Configuration Temperature Steps
Cascade (35 → 60 ◦C) 35 → 40 → 45 → 50 → 55 → 60
Single-Stage (55 → 60 ◦C) 55 → 60
Mixed (45 → 60 ◦C) 45 → 50 → 55 → 60

The comparison between mixing and non-mixing configurations within the cascade heating
approach reveals a notable shift in performance trends. Unlike the initial findings, where
mixing improved COP, the cascade configuration demonstrates that the non-mixing case
achieves a higher COP than the mixed case. The results, presented in Table 6.14, show that
this change is due to the enhanced efficiency of the cascade approach, which optimizes COP
by distributing the temperature lift across multiple stages, thereby reducing compressor work
at each step and diminishing the relative advantage of mixing.

The stepwise heating process within the cascade system is detailed in Table 6.15, illustrat-
ing how incremental temperature increases improve system efficiency. Similarly, Table 6.16
presents the performance breakdown of the mixed case (45 → 60 ◦C), highlighting how the
system behaves when the two streams are pre-mixed before heating.

While the cascade approach provides theoretical validation, it is not considered in the broader
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Figure 6.7: Mixing of an inlet stream of 35 ◦C cascade heat pump stream with a 55 ◦C stream
leading to a 45 ◦C inlet in a cascade configuration

industrial evaluation due to practical constraints. The primary objective of this study is to an-
alyze the integration of heat pumps in dynamically fluctuating industrial processes, ensuring
a balance between efficiency, feasibility, and scalability. Although the cascade configuration
enhances performance in specific scenarios, it introduces additional complexity in terms of
equipment requirements, operational control, and heat exchanger design. Furthermore, this
study focuses on comparing mixing and non-mixing configurations within conventional heat
pump setups, rather than incorporating additional heat pump stages.

Table 6.14: Performance parameters comparing mixing and non-mixing configurations. In the
mixing case, a 35 °C stream (heated in 5 °C steps to 60 °C) is mixed with a 55 °C stream to form a

45 °C inlet, while in the non-mixing case, both streams are heated separately to 60 °C.

Tc,i(◦C) Q̇heat(kW) Ẇin(kW) COP
35 116.2 19.5 6.0
55 23.2 4.5 5.2
45 (Tmix ) 139.4 25.0 5.6
35 & 55 (Non-mix.) 139.4 24.0 5.8

Table 6.15: Performance parameters for cascade heat pump steps.

Tc,i (◦C) ṁc (kg/s) ṁe (kg/s) Q̇heat (kW) Ẇin (kW) Te,o (◦C) COP
35-40 1.11 1.81 23.2 2.04 32.19 11.4
40-45 1.11 1.81 23.2 2.95 29.5 7.9
45-50 1.11 1.81 23.2 3.88 26.9 6.0
50-55 1.11 1.81 23.2 4.83 24.5 4.8
35-60 1.11 1.81 23.2 5.82 22.2 4.0
35-60 1.11 1.81 116.2 19.5 22.2 6.0
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Table 6.16: Performance of heat pump steps of mixen configuration.

Tc,i (◦C) ṁc (kg/s) ṁe (kg/s) Q̇heat (kW) Ẇin (kW) Te,o (◦C) COP
45-50 2.22 3.62 46.5 6.4 32.4 7.2
50-55 2.22 3.62 46.5 8.3 29.8 5.6
55-60 2.22 3.62 46.5 10.3 27.4 4.5
45-60 2.22 3.62 139.4 25 27.4 5.6

6.5 Exergy analysis of mixing strategies
This section extends the analysis presented in Sections 6.4.1 and 6.4.2, which examined mix-
ing and non-mixing configurations under constant mass flow conditions at the condenser and
evaporator sides. The objective is to further evaluate the impact of mixing strategies on
exergy destruction and exergy efficiency, providing a more comprehensive understanding of
their thermodynamic implications.

The analysis follows the theoretical framework established in Section 2.4, where the ex-
ergy balance equations and efficiency calculations were introduced. Exergy destruction is
quantified across the compressor, condenser, evaporator, and expansion valve using Equa-
tion (2.26), while the overall exergy efficiency is determined using Equation (2.31) to assess
system performance. The results offer insights into how different mixing strategies influence
irreversibilities within the heat pump cycle and whether mixing enhances efficiency or con-
tributes to additional exergy losses.

The input parameters for the analyzed cases are based on those presented in Tables 6.1
and 6.2, which provide the mass flow rates and temperatures for each configuration. In addi-
tion to the parameters listed in these tables, this section introduces two additional variables:
The pressure of the process fluid at the condenser side is 3 bar. The pressure of the process
fluid at the evaporator side is 5.4 bar.

6.5.1 Exergy analysis: Inlet side

The impact of inlet mixing on exergy destruction and exergy efficiency is evaluated by compar-
ing mixing and non-mixing configurations at both the condenser and evaporator inlets. Figure
6.8 presents the exergy destruction for each configuration, broken down into the compressor,
condenser, evaporator, and expansion valve, while cases (A) and (B) of Table 6.1 provide
the corresponding operational conditions. The results demonstrate that mixing inlet streams
reduces exergy destruction and improves exergy efficiency, while non-mixing configurations
experience greater irreversibilities due to the way heat is processed separately in each stream.

At the condenser inlet, two separate streams at 35 ◦C and 55 ◦C (both with a mass flow
rate of 1.11 kg/s) are compared against a mixed stream at 45 ◦C. The non-mixing case ex-
hibits a total exergy destruction of approximately 24.1 kW and an exergy efficiency of 30%,
making it the least efficient scenario. This is primarily due to the high exergy destruction
in the compressor and condenser, as the 35 ◦C stream requires significantly more work input
to reach the target outlet temperature of 60 ◦C. Conversely, mixing the inlet streams into a
single 45 ◦C stream reduces total exergy destruction to approximately 21.0 kW, resulting in
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a higher exergy efficiency of 33%. The compressor losses are notably lower in this case, as
the more balanced thermal conditions reduce the thermal burden on compression, improving
the overall performance of the heat pump. However, mixing itself introduces an additional
exergy loss, quantified as 1.3 kW at the condenser inlet. Although this mixing loss adds to
overall irreversibilities, the total system performance still benefits from inlet mixing due to
the reduction in exergy destruction compared to the non-mixing case.

At the evaporator inlet, a similar trend is observed. Two separate streams at 32 ◦C and
40 ◦C (each with a mass flow rate of 1.81 kg/s) are compared against a mixed stream at
36 ◦C. The non-mixing evaporator inlet case results in higher exergy destruction (23.5 kW)
and an exergy efficiency of 33%, while the mixing case achieves the lowest exergy destruc-
tion (17.1 kW) and the highest exergy efficiency of 36%. The largest reduction in exergy
destruction is observed in the compressor, highlighting that mixing significantly reduces the
work required for compression and improves overall system performance. The exergy loss
due to mixing at the evaporator inlet is 0.4 kW, which is notably lower than at the con-
denser inlet. This lower value is due to the smaller temperature difference between the two
streams (32 ◦C and 40 ◦C), leading to less entropy generation during the mixing process. As
a result, although mixing introduces some exergy loss, its impact remains minor compared
to the overall efficiency improvements achieved through reduced irreversibilities in the system.

These findings confirm that inlet mixing enhances exergy efficiency by minimizing entropy
generation, reducing unnecessary heat processing complexities, and lowering exergy destruc-
tion through the reduction of temperature differences and irreversibilities.
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Figure 6.8: Exergy destruction for mixing and non-mixing strategies at the condenser side and
evaporator side inlets. Exergy destruction is categorized by component (compressor, condenser, evap-
orator, and expansion valve), and the overall exergy efficiency for each configuration is indicated above
the bars. At the condenser inlet, the non-mixing case consists of two separate streams at 35 ◦C and
55 ◦C, each with a mass flow rate of 1.11 kg/s, while the mixing case combines these into a single 45
◦C stream with a total mass flow of 2.22 kg/s. At the evaporator inlet, the non-mixing case includes
two separate streams at 32 ◦C and 40 ◦C, each with a mass flow rate of 1.81 kg/s, whereas the mixing

case results in a single 36 ◦C stream with a total mass flow of 3.62 kg/s.

6.5.2 Exergy analysis: Outlet side

The impact of outlet mixing on exergy destruction and exergy efficiency is evaluated by
comparing mixing and non-mixing configurations at both the condenser and evaporator out-
lets. Figure 6.9 presents the exergy destruction for each configuration, broken down into the
compressor, condenser, evaporator, and expansion valve, while cases (C) and (D) of Table
6.1 provide the corresponding operational conditions. The results demonstrate that outlet
mixing leads to higher exergy destruction and lower efficiency compared to the non-mixing
case.

At the condenser outlet, the mixing configuration combines two outlet streams at 55 ◦C
and 65 ◦C (both with a mass flow rate of 1.11 kg/s) into a single mixed stream at 60 ◦C.
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In contrast, the non-mixing case consists of two separate streams, each at 60 ◦C. The non-
mixing configuration results in total exergy destruction of approximately 12.5 kW, leading
to an exergy efficiency of 41%. However, in the mixing case, exergy destruction increases
to 14.0 kW, reducing efficiency to 39%. The additional exergy loss due to mixing at the
condenser outlet is 0.3 kW, arising from the temperature difference between the 55 ◦C and 65
◦C streams. Since this difference is relatively small, the entropy generation remains limited,
but still contributes to an overall increase in irreversibilities.

In the non-mixing configuration, both streams are heated from 50 °C to 60 °C, allowing
for a balanced heat transfer process with lower exergy losses. In contrast, the mixing case
involves heating one stream to 55 °C and the other to 65 °C, requiring a significantly higher
temperature lift for the latter. The increased exergy destruction associated with heating the
65 °C stream surpasses the savings gained from the 55 °C stream, leading to a higher overall
exergy destruction compared to the non-mixing case.

A similar effect is observed at the evaporator outlet, where the mixing case combines two out-
let streams at 28 ◦C and 34 ◦C (both with a mass flow rate of 1.81 kg/s) into a single mixed
stream at 31 ◦C. In contrast, the non-mixing case maintains two separate outlet streams at 31
◦C. In the non-mixing configuration, total exergy destruction is 9.1 kW, leading to an exergy
efficiency of 42%. When mixing occurs, exergy destruction increases to 12.5 kW, reducing
efficiency to 38%. The exergy loss due to mixing at the evaporator outlet is 0.2 kW, which
is lower than at the condenser outlet. This lower value is due to the smaller temperature
difference between the mixed streams (28 ◦C and 34 ◦C), resulting in less entropy generation
compared to the condenser outlet case.
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Figure 6.9: Exergy destruction for mixing and non-mixing strategies at the condenser side and
evaporator side outlets. Exergy destruction is categorized by component (compressor, condenser,
evaporator, and expansion valve), with the overall exergy efficiency for each configuration indicated
above the bars. At the condenser outlet, the non-mixing case consists of two separate streams, each at
60 ◦C, while the mixing case combines outlet streams at 55 ◦C and 65 ◦C into a single 60 ◦C stream,
with both configurations having a mass flow rate of 1.11 kg/s per stream. At the evaporator outlet,
the non-mixing case consists of two separate streams, each at 31 ◦C, while the mixing case combines
outlet streams at 28 ◦C and 34 ◦C into a single 31 ◦C stream, with both configurations having a mass

flow rate of 1.81 kg/s per stream.

6.6 Conclusion: Influence of mixing strategies on heat pump
performance

This chapter has investigated the thermodynamic impact of mixing and non-mixing con-
figurations on heat pump performance, focusing on COP, exergy destruction, and exergy
efficiency at both the inlet and outlet of the condenser and evaporator. The results demon-
strate that inlet mixing generally improves system efficiency, whereas outlet mixing increases
exergy destruction, reducing overall performance. However, an exception to this trend was
observed when mixing was applied in a cascade heat pump configuration, where non-mixing
resulted in higher efficiency.
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The results show that inlet mixing leads to a higher COP and lower exergy destruction due to
a more balanced thermal distribution before entering the heat pump. In the non-mixing inlet
configuration, the heat pump responsible for the largest temperature lift requires significantly
more work input than the one handling a smaller temperature increase. The additional work
required for the high-lift heat pump outweighs the efficiency gains from the low-lift heat pump,
leading to a lower overall COP. In contrast, mixing the two inlet streams before processing
results in a single intermediate-temperature stream, which reduces the overall temperature
lift required for compression, lowers exergy destruction, and improves heat pump efficiency.
This effect is consistently observed at both the condenser and evaporator inlets.

In contrast, mixing at the outlet leads to higher exergy destruction and a lower COP. When
outlet streams mix, the heat pump responsible for the stream requiring the largest tem-
perature increase experiences significantly higher exergy losses, as the greater temperature
lift demands more work input. Although the other heat pump, which requires a smaller
temperature lift, operates more efficiently, the overall system efficiency declines because the
additional losses in the high-lift heat pump outweigh the efficiency benefits of the low-lift
heat pump. Conversely, in the non-mixing outlet configuration, both heat pumps directly
heat their respective streams to the final outlet temperature, leading to a more balanced heat
transfer process, lower irreversibilities, and higher exergy efficiency.

The inlet mixing analysis was extended to investigate mass flow variations, confirming that
inlet mixing consistently results in a higher COP compared to non-mixing, even under fluc-
tuating flow conditions. These findings suggest that the efficiency gains of inlet mixing are
not limited to specific operating conditions but hold across different flow scenarios.

While inlet mixing improves efficiency in a conventional heat pump setup, the results from
the cascade heat pump configuration show the opposite effect. In the non-mixing cascade
case, the lower-temperature stream is gradually heated in multiple smaller temperature in-
crements, rather than experiencing a single large temperature lift. This stepwise heating
strategy optimizes the distribution of work input across multiple stages, reducing the overall
compressor workload and improving efficiency. In contrast, mixing the inlet streams in a cas-
cade system skips some intermediate heating steps, reducing the effectiveness of the staged
approach. As a result, the non-mixing case achieves a higher COP than the mixing case in
the cascade setup, in contrast to the findings for conventional heat pumps.
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Chapter 7

Conclusion

This chapter presents the key findings of this study regarding the feasibility of integrating heat
pumps into Teijin Aramid’s industrial thermal process. The results demonstrate the potential
of heat pump technology to enhance energy efficiency, reduce operational costs, and lower
environmental impact. By analyzing various heat pump configurations, evaluating refrigerant
selection, and assessing scalability under fluctuating production conditions, this study provides
insights into the optimal strategies for sustainable heat recovery. The findings align with
broader industrial decarbonization efforts and emphasize the role of heat pumps in achieving
energy efficiency targets while maintaining operational feasibility.
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7.1 Concluding reflections on research objectives
The chapter is structured according to the sub-research questions, addressing critical process
parameters, optimal heat pump configurations, refrigerant selection, scalability considera-
tions, and economic feasibility. Each section highlights the main conclusions drawn from
the analysis, supported by quantitative results and comparative evaluations. Each section
highlights the main conclusions drawn from the analysis, supported by quantitative results
and comparative evaluations. These findings contribute to answering the central research
question: How can heat pump cycles be integrated into industrial fluid heating and cooling
processes, characterized by dynamic fluctuations in temperature and mass flow rates, to opti-
mize energy efficiency, operational feasibility, and environmental sustainability in the textile
industry?

7.1.1 Critical process parameters and system performance

Temperature variations play a critical role in the integration and operation of a heat pump
system. In process 1, the condensate temperature (Tp1) exhibits fluctuations due to vari-
ations in upstream evaporation conditions, leading to non-uniform thermal profiles across
process lines. However, since all lines receive condensate from the same storage tank, these
variations are in all lines. The current cooling approach could be optimized by implementing
pre-cooling strategies earlier in the process. This would reduce the thermal load on the gly-
col chiller system, thereby decreasing overall energy consumption and improving operational
efficiency..

In process 2, the temperature of preheated water (Tp2) varies significantly between pro-
duction lines, ranging from 33 ◦C to 55 ◦C. These variations in inlet temperature directly
influence steam consumption, resulting in inconsistencies in energy usage and inefficiencies
in thermal energy management. A heat pump solution should account for these variations
to ensure stable and efficient heating, potentially by adjusting system operation based on
real-time temperature data.

In addition to temperature variations, mass flow rate fluctuations (Fp1 and Fp2) present
further challenges in the design of an optimal heat pump system. In process 1, fluctua-
tions in condensate mass flow occur due to varying product-specific requirements, influencing
downstream cooling demand. Similarly, in process 2, the mass flow of preheated water (Fp2)
varies dynamically across production lines, leading to inconsistent heating demand.

By accounting for these factors, the heat pump system can be optimized to enhance energy
efficiency, operational reliability, and sustainability within the production process.

7.1.2 Optimal heat pump configurations for managing dynamic conditions

This study evaluated four heat pump configurations to determine the most effective solution
for managing dynamic temperature ranges and fluctuating mass flow rates in a manufactur-
ing line. The results indicate that centralized (Concept 2) and cascade (Concept 4) heat
pump systems provide the best balance between energy efficiency, operational feasibility, and
cost-effectiveness.
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The centralized system (Concept 2) achieved the lowest operational costs, reducing redun-
dancy by aggregating heat demand across all process lines. This configuration exhibited a
COP of 4.32, which is higher than the independent heat pump setup (Concept 1, COP =
3.99) and the clustered configuration (Concept 3, COP = 4.16). However, its reliance on a
single heat pump introduces system-wide dependence, requiring backup steam usage in case
of failure.

The cascade heat pump system (Concept 4) demonstrated thermodynamic advantages by
dividing the temperature lift into two stages, reducing compressor work and improving effi-
ciency. The baseline COP of 4.31 increased with a lower intermediate heat exchanger tem-
perature difference (TIHX), reaching 4.48 at TIHX = 2 ◦C. While this system enhances heat
recovery and exergy efficiency, its higher capital costs and added system complexity outweigh
the marginal performance gains compared to the centralized system. Given this trade-off,
the centralized configuration (Concept 2) emerges as the most suitable solution for Teijin,
offering the best balance between cost, performance, and implementation feasibility.

7.1.3 Impact of refrigerant selection on system efficiency and sustainability

The selection of refrigerants plays a crucial role in optimizing heat pump efficiency, envi-
ronmental impact, and operational feasibility. For the simple vapor heat pump, R1234ze(Z)
and R1233zd(E) emerged as the most promising alternatives to R134a, demonstrating high
COP and low GWP while maintaining favorable thermodynamic properties. While natural
refrigerants such as R600 and R717 offer excellent environmental performance, their flamma-
bility (R600) and toxicity (R717) pose safety challenges that must be carefully managed in
industrial applications.

For the cascade heat pump, refrigerant pairing significantly influenced system performance.
The R1233zd(E)/R1233zd(E) combination achieved the highest COP (5.09), highlighting its
efficiency in staged compression cycles. Meanwhile, R600/R717 exhibited the lowest condens-
ing temperature (T3).

7.1.4 Scalability of heat pump systems under fluctuating production con-
ditions

The scalability of industrial heat pump systems was evaluated by analyzing different integra-
tion concepts, ranging from independent heat pumps for each production line to centralized
configurations that consolidate multiple lines. In the concepts where production lines are
combined, inlet mixing occurs, merging multiple mass flows and temperatures before enter-
ing the heat pump. This mixing directly influences the thermodynamic performance of the
system, affecting the coefficient of performance (COP), exergy destruction, and overall effi-
ciency.

The findings indicate that inlet mixing enhances COP and reduces exergy destruction, re-
sulting in a more efficient heat pump system. This improvement is attributed to the creation
of a more balanced inlet temperature, which reduces the required temperature lift and, con-
sequently, the compressor work. In contrast, outlet mixing leads to higher exergy destruction



94 Chapter 7. Conclusion

and lower COP, as it introduces additional irreversibilities in the system. Given that in-
dustrial processes, such as those at Teijin, involve dynamically fluctuating mass flows and
temperatures, and that inlet mixing has been shown to improve efficiency in these configu-
rations, a centralized heat pump system emerges as the preferable solution. This approach
leverages the efficiency gains of inlet mixing, resulting in lower operational costs through a
higher COP, reduced exergy destruction, and improved exergy efficiency.

7.1.5 Economic feasibility

The integration of heat pumps significantly reduces electricity expenses compared to tradi-
tional steam heating, which incurs an annual cost of €343.000. Both the centralized and
cascade configurations achieved a 50% reduction in operational costs, demonstrating com-
parable efficiency gains. The clustered system reduced costs by 48%, while the independent
heat pump system yielded the lowest cost savings at 46%. Despite these savings, finan-
cial feasibility remains a key constraint due to the required five-year payback period, which
limits the total allowable investment for the heat pump system, including CAPEX, installa-
tion, maintenance, and infrastructure costs. Concept 2 provides annual savings of €170.400,
leading to a total five-year savings of €852.000. Concept 4, with a reduced TIHX of 2 ◦C,
slightly increases annual savings to €179.800, resulting in a total five-year savings of €899.000.

However, industrial-scale heat pump systems require substantial capital investment. Based
on industry discussions, similar large-scale heat pump projects have demonstrated that real-
world costs often exceed initial estimates. Given that the required system capacity at Teijin
Aramid is approximately 700 kW, a proportionally scaled investment would likely surpass
the available budget, making financial feasibility a significant challenge within the current
payback constraints. To improve feasibility, alternative financing mechanisms, external sub-
sidies, or an extended payback period may be necessary to accommodate the high capital
investment. While heat pump integration presents a viable strategy for improving energy
efficiency and reducing operational costs, achieving financial feasibility remains a challenge
unless additional financial support is secured.
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Chapter 8

Recommendations

Building on the findings of this study, this chapter provides recommendations for both practical
implementation at Teijin Aramid and future research directions. The integration of heat pump
technology has demonstrated significant potential for improving energy efficiency, reducing
operational costs, and supporting sustainability goals. However, successful implementation
requires careful consideration of system optimization, control strategies, and scalability under
dynamic production conditions. Additionally, further research is necessary to refine modeling
approaches, improve real-time adaptability, and explore alternative refrigerants that align
with evolving environmental regulations. This chapter is divided into two sections. The first
section provides practical recommendations for Teijin Aramid, whereas the second section
outlines key areas for further research. These recommendations are based on the findings of
this study and aim to support both immediate implementation and future advancements in
heat pump integration.
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8.1 Recommendations for Teijin Aramid
Based on the findings of this study, several recommendations are proposed to enhance the
efficiency, sustainability, and economic feasibility of heat pump integration at Teijin. These
recommendations focus on optimizing energy recovery, improving process stability, and en-
suring long-term financial viability.

• Selection of an appropriate heat pump configuration: For Teijin’s industrial
processes, selecting the right heat pump system is crucial to achieving both opera-
tional efficiency and energy savings. Given the dynamic temperature fluctuations, a
centralized or cascade heat pump system should be considered to optimize heat recov-
ery and maintain process stability. The centralized system minimizes fluctuations by
aggregating thermal loads, improving overall process stability and energy distribution.
Meanwhile, the cascade system optimizes performance by distributing the temperature
lift across two stages, thereby reducing compressor work and improving COP at higher
temperature levels. To maximize energy savings and ensure long-term feasibility, a
thorough techno-economic analysis should be conducted to evaluate the practical im-
plementation of these configurations, taking into account factors such as investment
costs, energy savings, and system integration feasibility.

• Optimization of heat exchangers: As discussed in Section 3.1.3, the heat exchang-
ers currently produce different outlet temperatures across the different process lines,
resulting in varying heating demands for the heating process. Some lines require a
significantly larger temperature increase than others, leading to higher overall energy
consumption. By optimizing the performance of these heat exchangers and ensuring
more uniform outlet temperatures, the total amount of heat that needs to be supplied
to the heating process can be reduced. This would decrease the thermal load on the
heat pump, potentially lowering energy costs and improving overall system efficiency.
Standardizing these temperatures could be achieved through targeted upgrades to un-
derperforming heat exchangers, enabling a more balanced and efficient heating process.

• Refrigerant safety, selection, and environmental compliance: The refrigerants
R1234ze(Z), R1233zd(E), and R717 were identified as the most efficient and sustain-
able alternatives for integration. However, safety and regulatory requirements should
be considered when selecting the final working fluid. A detailed risk assessment and
lifecycle analysis should be conducted to ensure compliance with environmental and
operational standards.

• Economic and Operational Feasibility Study: Although the cost analysis demon-
strated that a heat pump system could significantly reduce operational expenses (up to
a 52% reduction in electricity costs), a more detailed financial feasibility study should
be conducted. This should include long-term maintenance considerations, and an eval-
uation of available subsidies or financial incentives while considering a longer payback
period to improve investment feasibility.
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8.2 Recommendations for further reseach
Future research should focus on refining technical aspects, exploring new refrigerants, and
validating theoretical models with experimental data. The following areas warrant further
investigation:

• Dynamic modeling and transient analysis: This study was conducted using
steady-state modeling, which does not fully capture the impact of fluctuating mass
flows and temperature variations. Future research should focus on developing dynamic
models to simulate real-time operational changes and assess the performance of heat
pump configurations under transient conditions.

• Refrigerant selection and further research: Certain newer refrigerants, such as
R1336mzz(E) and R1224yd(Z), were not included in this study due to their absence in
the CoolProp database. However, these refrigerants exhibit promising thermodynamic
properties and environmental advantages. Additionally, the potential of zeotropic re-
frigerant mixtures should be explored, as they can offer temperature glide benefits and
improved efficiency in specific applications. To conduct a more comprehensive evalu-
ation, future studies should consider using REFPROP, which includes a wider range
of refrigerants and provides more precise thermophysical data. This would ensure that
the most efficient and sustainable refrigerants are considered for future heat pump ap-
plications.

• Experimental validation: To verify the theoretical findings, an experimental setup
or pilot-scale implementation of the heat pump system should be developed. This will
help validate the predicted COP values, exergy efficiency, and operational feasibility of
the proposed configurations.

• Advanced control strategies for dynamic conditions: Since the operational con-
ditions of the industrial process are highly dynamic and not easily predictable, future
research should focus on developing robust and adaptive control strategies rather than
relying on traditional model-based approaches.
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Appendix A

Verification of the thermodynamic
model

During the preparation of this work, the author used ChatGPT to refine wording and improve
clarity in some sections of the text. After using this tool, the author carefully reviewed and
edited the content as needed and takes full responsibility for the final version of the work.
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Figure A.1: (log)P-h chart R134a (reference)
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Figure A.2: (log)P-h chart R134a (model)
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Figure A.3: (log)P-h chart R290 (reference)
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Figure A.5: (log)P-h chart R1270 (reference)
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Figure A.7: (log)P-h chart R1234yf (reference)
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Figure A.9: (log)P-h chart R717 (reference)
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